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Abstract

In New Zealand (NZ) a typical household uses between 160-330 | of hot water per day
at 50 to 60°C. Most hot water systems are electrically heated. Heat pumps using
carbon dioxide (CO,) in the transcritical heat pump cycle offer high potential for energy
savings. The use of CO, also offers further benefits such high volumetric heating

capacity, reduced environmental impact, good availability and low costs.

The objective of this project was to design, build and test a hot water supply system
(HWSS) using a CO, heat pump.

The main components of the HWSS were the heat pump, a stratified hot water storage
cylinder (HWC), a water pump and a control system. The heat pump design was based
on a prototype Dorin CO; compressor which was available. Key features were use of a
vented spiral tube-in-tube heat exchanger for the gas cooler, use of a low pressure
receiver incorporating an internal heat exchanger after the evaporator and the use of a
back-pressure regulator as the expansion valve. The heat pump had a nominal design
heating capacity of 8.1 kW with a COP of 3.9 at 0°C/34.8 bar.a evaporation
temperature/pressure and 100 bar.a discharge pressure when heating water from 15°C
to 60°C.

The prototype heat pump performance was measured for a range of operating
conditions  including 0°C/33.8 barg to 15°C/49.8 bar.g evaporation
temperatures/pressures, 18 to 30°C cold water inlet temperature, 40 to 60°C hot water
outlet temperature and 90 to 120 bar.g discharge pressures. Liquid refrigerant and/or
oil carry over caused by limited LPR separation capacity and/or oil foaming in the LPR
was apparent for some trials but could not be completely eliminated. The compressor
isentropic and volumetric efficiencies were about 30% lower than stated by the
manufacturer. Possible reasons were mechanical and/or compressor oil related
problems. The gas cooler was marginal in capacity especially when the heat pump

operated at high evaporation pressure conditions.

The measured heat pump heating capacity at the design conditions was 5.3 kW at a
COP of 2.6. The heat pump COP was not sensitive to the discharge pressure across a
wide range of operating conditions, so constant discharge pressure control was
adopted. Overall best heat pump efficiency for 60°C hot water was achieved at 105
bar.g discharge pressure. At these discharge conditions the heating capacity and COP

ranged from 4.8 kW and 2.2 at 0°C/33.8 bar.g evaporation temperature/pressure and



30°C cold water inlet temperature to 8.7 kW and 3.9 at 15°C/49.8 bar.g evaporation

and 18°C water inlet respectively.

A mathematical model of the HWSS was developed. The model parameters were
determined from a small set of separate trials. The overall agreement between
measured and the predicted HWSS performance was good. The HWSS performance
was predicted for conditions likely to occur in a one or two family home. The biggest
efficiency losses were HWC standing losses to the ambient air. The heat pump
operated with close to the maximum COP of 2.75 because the water inlet temperature
seldom rose above 25°C. There was potential for efficiency improvements if the short
on/off intervals caused by the relatively small HWC relative to the heating capacity of

the heat pump could be avoided.

Overall, the investigation has shown that the CO, heat pump combined with a stratified
HWC can provide a very efficient HWSS. The heat pump prototype performance was
competitive with conventional heat pumps but there was significant potential for
efficiency improvements due to the poor compressor performance. However, the
availability and costs of heat pump components and the poor compressor performance

constrain the commercial implementation.



Acknowledgement

Thanks in particular to my Supervisor Dr. Don Cleland (Institute of Technology and
Engineering (ITE) Massey University, NZ) for guiding the project, supporting on the

thesis and for organising a scholarship.

Thanks to other Massey staff, including Dr. Stephen White (ITE) who introduced me to
the CO, project at Massey University, the staff from the Massey Workshop for their
help on building the heat pump test rig, Bruce Collins (ITE) for his support on
measurement and electronic devices and Julie Mudford and Jon Hayward (IT) for

helping on numerous occasions.

Thanks to Dorin SA for the use of their prototype compressor and to Danfoss SA for

access to their prototype CO, expansion valve.

Thank you to all those who supported me during the Master degree at Massey

University and during the writing of the thesis in Switzerland.
Finally, thanks to the people, who made the study in NZ possible, such as Dr. Max

Ehrbar (University of Applied Science NTB Buchs, Switzerland) who organised the

internship at Massey ITE and great thanks to my parents for their support.



Table of contents

ABSTRACT .cvoxenssusinonssunsmymssvsmssssessussssssssssmsssses s s5as s ssassmsssss s sosss s imss s msssvsess s |
ACKNOWLEDGEMENT .ounseiuis i iimpeussmsiines ity s s epasi st 1
TABLEEIOFE CONTENTS s on e cr s e o - am e o e s s ts & n oo oo v
RIS OHEIGURES] v e s s e e e oo s Vil
LIST OB TABLES, oo mireiiiressapmsm i sepasss tes s rob o sphefois oo s ap s p i sh i s BBt X
1 INTRODUECTION vt v mn st m bt b b A b f A S A b heht Bt Bkt ok 1
2 LITERATURE REVIEW.. ..o i i ettt s o st b oo s 3
21 HotWaterheatingl o v e o e et e e e e ot 3
2.1.1  Requirements for hot water production...............ccccooiiiiiiiii i 3
202 Hetwater supply SYStEms (HWSS) cumssmmsmsmmmmmresommmss oo s pasbams s w 4
2.2 HE AN DU DS it o i s 0 S S T e SR e BT B 8 s e e SR e S 5
221  General heat pump deSCrIPtON ..o 5
2:2:2  RETTIGOIEIMS s s crmnes s v ssims simes seb 05 #4200 615 s T S PR RS S T T PO S s 6
2.2.3 Conventional heat pumps for water heating ................oooiiiiiiiiiiii 8
2.2.4 Trans-critical carbon dioxide heat PUMP .. ... 10
2.2.5 Applications of carbon dioxide heat pUMPS ..o 19
2.3 CO; heat puMp e QUIPIEBNL . ciiccusuuswssmsmssasssnssssisssvinmsmsamssissssxsstashenssinssssassnsssnssassvsngssnss 21
PN T L =Y ol e [55SSOSO S S S T 0 SO0 SO S S RN S S R SO e 21
2.3.2 Carbon dioXide COMPIESSOIS .....ccoiiiiiiiiiiieeeeeee et 22
2:3.8  EXDANUBTS wvimvvmmmsmmersvammmimsssses s oot s s v s sy v v s s s 5w R SR G s 23
Z34 [ EXDANSIONIVAIVES sueeiuitmmdtotioauss st e tniots st sttt i s 23
2.3.5  HeEat @XChANGETS .. .ooiiiiiiii e e 24
2:8.8 GAS COOIET [BIE)...crmmmmrsmmssisers samssminnnmsinmasmnsimsmnnsnsosios s asisssnsssss s s mspints sdss s sspmsssensamsarins 24
o N o o T o ey 25
2,318,  COMPIESSOR DL srotustamuniingum ottt b e o s mysi s 26
2Bl Ol FEBONEIY, cermmes woommisssasmsssimsssmsnnoisns sasmessiasimsimsiommsmmsssnsssswasinsrisss st eses o e nessn 27
24 SUMMATY 0fthe ltBRAtUFe: s ssmmvsaemssisnmnmyssssssnsis s somimmy s sy s o A s S e rss 27
3 DB E G E S, e e e T E T e o T TR o SN A R S R 29
4 PROTOTYPE DESCRIPTION ..c..oosmmimmmsumsnarinsrnsssss s s sssivisisy 30
41 o = Led s [ LU Lo 30
4.2 SYStemdes (G PrOTEOITI - e e o s o S S el 5 o L 3 SR S 8 o e o S 31
4.2.1  Hot water supply system (HWSS) desSign ......ccooooiiioiiii e 31
4.2.2 Heat PUMD OSION sommmmmesmmimmvmsmminessss s s s S s S5es s re s s sau s s 32
4.3 General prototype deSCrPHION . s snsmsmmmmssivismssisssrovysssa st e 42
4.4 HWSS component designs and descriptions ..........ccccccevieiiiiiiiiiinncnneen e 44
441 Stratified hot water storage cylinder (HWC)...........ooiiiiiiieeeeeeeeee e 44
442 Main water'supply pressure: FEAICET s wensssmsmem s memmssssisi s s v 45
443 Water flow control VaIVE .........coooiiiiiiiiiiiieie e 45
BB NI ON]. g i e BB o o S T B S o o S Bl o s i e e B B i S o S 5 46
4.5 Heat pump component designs and descriptions .........ccccceeiieieieiiiiiiiieneecneecnees 46
451 Pressure rating and safety factors ... ssossss e 46
2 B E - T ][ (€] 0)) S S W SR S W S S O ) 47
CINSRE I = 770 16T0) 72 0]/ SR U S S P S T 53
454 [nternal heat exChanger (THX) qu o mssmmrsssmsmsmmsimmmssmm s s e s s 5o 54
4.55 Lowpressure reCeiVET (LPR) wsmeremmsismmm s v s i sintiss s i 55
456 Expansion valve / back-pressure regulator (BPR)..........ooooiiiiiiiiiiiiiicecee 57
NN/ B0 170 0= 1 o | e e SO C e U o S S Py 58
4.5.8 Compressoroiland Ol TECOVETY: i sssmremmsm e sms s m s s s s s 60
4:5:9  IPIDRIWOIK 2.0 osot it et bt v St o s Serrsntos P eans fsSns st ele Sl B el 62
4.5.10 Refrderantieharfels s o s n s at b et r m i o n N B 64
4511 SATOEY AEVICES .., crcmrcamicamsssnsinammsnnnssessessssmsismrainsnssnmns spehssms o s s s foa s s s S AT 64



4512
4513

aaoaaoaa
U TR AL . SR =" "1
s Wik =

5.2

5.2.1
522
5:2.3
524
53

5.31
5:3.2
5:3.3
534
535
5.3.6
537
53.8
5.4

6.1
6.2
6.3
6.3.1
6.3.2
6.3.3
6.3.4
635
6.3.6
6.4
6.4.1
6.4.2

TG
7.2
1.3
7.4
7.41
742
1.5
7:5.1
162
763
7.54
7155
7.56
7.5.7
7.6

CONTTOIOEtREIHVWESS . . it et £ e S A AR R S RS A A A 66

Measurement system and data acqUISITION ..o vermsresmmmsssrss sswssmonsesss im s wassessmms 67
EXPERIMENTAL PROCEDURE......coi ittt 73
COMMISSIOMING) 5 imsrmsnsssamsmnrsismnnsinassinbess s s s s SR S R A R A SR R 73
OB TOSEING 5w snsasns cnnns swp st iasasing ey aims £33 v 5 050 A0 08 0 P P 5 73
2o (15 (31601 e | [ RO U O S G 73
Heat pump start-up / shut down procedure...............ooouiiiiiiiiiiiiei e, 74
Precision of the heat pump CONtrol ... 75
PrelimiNary THAIS oo o v s e o o oo e S 4 S5 VA S S R S TR 75
Performance trials: ..~ s e v amns st na. Svron . Jiorn M i s et S SR B ST 78
Trial conditions and experimental SETUP ... 78
| (=321 A6 T8 T 0 Ui =] U S e 81
HetWatsr eyiider (IHWE Y HBIS et o s e g e s s 83
[ HoTdo 1o BNy RO Y A P SCIRT S O ST S ST T SR S S e EE R 84
Datal ANAIY SIS e cn i s inr e w5 e SR E T e TR RN R RS T R BT T e TR e R B 85
Thermodynamic properties of water and COy..........ovveeiiiiiiiiiiiiiiiiiiiic e 85
e o ) T e T 85
Interialiheat:eXeamGEr T s cw s b o e e o 89
E10z1010]721 o) N T B S USRS S RN S 90
GO PRES BT - o wiins vnvmsmn s s s v e o s £ 505 R s S e S R R S e S s 93
HEEE DUTED B IB MO e st sl b e o 96
ENBIOY DAIANEE .ommmissmumssmmanstissonsissssstoes smess s ssimsnestan siisian sisbis s s s sessiie s samy s iornni 97
Low pressure reCeiVEr (LPR) ......ooiiiiiieieeieeeeie e e e e e e e e e 97
Hot water cylinder (HWC) data analySis ..:..ccicsssramimiissinmassmsemsssmsesssne ssssssises 98
HOT WATER SUPPLY SYSTEM (HWSS) MODEL DESCRIPTION ............. 100
Hot Water USAQE sussommmervmorismmrsmamssissssss s s isrmss s isssasmss srss eSS s vas s Ao s 100
IRItAl CONAILION v nvmssimssmsmmrmonsssvis s s S Ao SR SR e s st 100
Mathematicalimodel 6f the HWSS.......ccommmammmicmms arusemssiasms st mssenssn 102
YATSETU 11710 11( 6101 R S S 103
WAtET SUDDIY SYSTEITY (WSS susususssuenssases s s ssassimsms et i sssis sy s s s sy 104
= (2221 iy o) SN NSO O I T ST ST O S NSO TN SO TR R e o 105
Hot water cylinder (HWEC) ......uiiiiiiieee et e e e 107
Numerical DUer TNOHE! ... s e smminsnsmmmamin s « 5085555 5 010 S P AR RARTS 5
HWSS PEBIMANCE susseumensermres o e s s s s s s ms o sl 116
HWSS Model CheCKING .......uuiiiiiiiiiiiiiiitee et e e e e s e e e s s e e enneas 118
Time and space disCretisation .............oooiiiiiiii e 118
17 (6o (= ot =T ] 122
RESULTS: AND DISCUSSION.........ccconmmemmneresressnsanmsrsssassmnansassssnsssssssnmnansssmns 125
CO, . charge and 1eaKaGe :« s isssissimsmmrssmnsssmasse soms ssnsn 5355 8555755 P55 557 HIHF R TR ATRS05S 125
Heat pump operational problemsS:..c.ccusississsissransisssmsssssmsssssssssensisaissnsssanssnsssianios 126
Heatpump:Controllrar mmai s mr s s b b s o i eV S R ST i R 127
Experimental uUncertainty ... 127
EREFGY DAIERGEE sxtssmrsmesssiinmnmripanmsnsimmenperss st S AR A R TSR ST S 127
Refrigerant mass flowiale Dalaiee: ..cumssssensunaimmsmimmmmsimssms st s b 131
Heat BUMpP PDerfORNAREE s oy iimsies i ottt i BIn s re v Se s Foaom s e oes AR el 134
DI DTES SO cciomns s et e S Forim i oo e i S e o e B S e 134
GASCODIET (GG ) ks smaninim ssnussminins s ousisns s hrinssniatsnssaiy 5 S s SR s s R VAR s e 140
Intermal heat exXehanger (IHX)Y o usismmesuammssmmimmsesmenamssmssass o s s gs sk 147
EN A DT A Ot e I e B B S 2 T B 0 e B B B S Bl e S TS e PR A B e S B 149
LOW pressure reCeIVET (LPR) .....oooii ittt e e e e e een s 152
Heat PUND! PrOCESS «swsssmwmiesssns st smmsisinnmssm s 5635555 9500w ses sy a4 o5 s s SR Ao a0 a s 155
Ol behaVIOUF N0 FECOVETY crwussusumsssmssswsns savsssmsyssissarusssssss s ssnsssnsosas s tssasss ss st minsams 163
Hot water cylinder (HWC) performance.........ccccccooviiiiiinniiinneeieeieeveneneeaneenene 165



8.1
8.2

10

11

12
121
12.2

13
A1
A.2
A21
A22
A23
A24
A25
A26
A3

HWSS PERFORMANCE MODELLING .......cccoiiiiiieeeieeeeeceeceeeeeeee e 170
HWSS mote] Yaldation ......couamsmascssmesrsusevansssemsasssssessss musnssssssnsnssessanssss ssxsssnsanssnssss 170
Predicted HWSS performanCe . s nurstmmmamsmm e i wesin s 178
CONCLUSION ccvvusmsmsmssvmssnmsmismsonmsmissosnnmmessssmiss s s s oy e smisas 185
RECOMMENDATIONS ...t e e e e e e e e e e aeaeeeeeaens 188
LIST OF REFERENCGES .o cooonivsmmansisrasmsnssssssmammisasams s s shaniiessisdssass 189
L= e e o e LB ISR S 202
LliStiof abDDFEVIAONS i i s vionenns s nismsesormensrmesssmssasmmmmn s as sinsadecas e dis cps i G iia s 202
] o o T — 202
D 2 N [ e 208
Refrigerant Property tata ... ..osssosmssamsmmssamssns ssmsssesrisssvasssnimasstsssniansssssssnssssnns 208
(2 (=T Qo 0T ] o e (=17 [ | o [P 209
Heat pump process design MOAE! ...........ooiiiiiiiiiiiii e 209
Gas cooler performance PrediClONS :....vs.ssssassmssssesnmmssmsismssmmssssessmrisissmosssmssss musesss 217
EVAPOTAON . ... e 227
Intemal Real EXCRANGOT .. cvmecremergusinssmmonsiisi s ssasensnssesis tossssansssains-snsssssssaummsass s oo 228
L W TE S S U e G IV T xrsmizssaimmimaciss oo moms s S i o8 s A T e A s S R 229
P D RN i et oomsent e o e S o R i S A R A A B AR T 230
Experimental data .........cccooociiiiiiiiiiree st e e e e s 232

Vi



List of figures

Figure 2.1: Temperature profile during heat rejection in a conventional water heating

0T T 150 g e 8 s Ao T e e oo g B e S e e o 9
Figure 2.2: Pressure-Enthalpy diagram for transcritical (left) and conventional (right) heat

O] ——— 12
Figure 4.1: Schematic diagrams of the refrigerant cycles with intermediate-pressure receiver

(IPR) (left) and low-pressure receiver (LPR) (right). .......ooouiiiiiiiee e 34
Figure 4.2: Refrigerant cycle with low pressure receiver (LPR) and thermosiphon..................... 35

Figure 4.3: Temperature profile in the GC at 100 bar.g discharge pressure, 15°C to 60°C
water temperature, 5 K temperature approach at the GC outlet and 5 K compressor

1D Tod0[0] AUR=T0] oL o] 7= = 1 R O SR 37
Figure 4.4: Predicted heat pump capacity at 100 bar.g discharge pressure and at 0, 10, 20

and 30°C air temperature as a function of the cold water inlet temperature....................... 38
Figure 4.5: Predicted heat pump COP at 100 bar.g discharge pressure and at 0, 10, 20 and

30°C air temperature as a function of the cold water inlet temperature.............................. 39

Figure 4.6: Predicted heat pump thermal efficiency based on the Carnot efficiency at
100 bar.g discharge pressure and at 0, 10, 20 and 30°C air temperature as a function

of the cold water inlet temperature. ... 39
Figure 4.7: Photo of the HWSS Prototype.........oooiiiiiiieeee e 42
Figure 4.8: Schematic diagram of the hot water supply system ..., 43
Figure 4.9: Schematic diagram of the heat pump and refrigerant temperatures at the nominal

design operating CONAITION. .. ..ooiiiiii e 44
Figure 4.10: Design:of the gas cooler Units 1 and 2.1 ... ..o mon s s 49
Figute 4. 171 LPR, AESITN! aunsummmsnsnosm s s s 5 s qr s as y e oy e sy 56

Figure 4.12: Volumetric, isentropic and indicated isentropic efficiency for a single-stage pre-
series Dorin CO, compressor as a function of the pressure ratio at 95 bar.a discharge
pressure and constant superheat of 10 K (Neksa et al, 1999).........coviiiiiiiiiiiiiniiii, 59

Figure 4.13: Compressor oil and refrigerant miscibility behaviour between -15°C and 31°C......61

Figure 4.14: Piping and instrumentation diagram for the heat pump and the HWSS

(Table 4.26 dives the: code: deSCTPYON): sy:s wuimesmnmsrrmmsssmmmmsss e o s ya
Figure 6.1: Schematic diagram of the water supply system (WSS) showing the model

IVOMIETNOIRTUIEL. e ot mns s o sy sy s i ot e e 102
Figure 6.2: Schematic of the HWC and a general segment somewhere in the HWC .............. 108

Figure 6.3: Predicted HWC temperature in the top segment of HWC after a one hour period

with the heat pump either on (bottom graph) or off (top graph) for varying time step....... 119
Figure 6.4: Predicted HWC temperature in the top segment of the HWC after a one hour

period and the maximum time step for stability with the heat pump off for varying

DURBER Of SEaMENS ot ot bie sl e et 120
Figure 6.5: Predicted HWC temperature in the top segment of HWC with the heat pump

running and varying number of SEgMENtS. ........oo.oiiiiiiiiiiiii 121
Figure 6.6: Difference between the predicted average HWC water temperature and the

analytical solution for a HWC with high water thermal conductivity (well mixed).............. 123
Figure 6.7: Predicted average HWC temperature and analytical solution for a HWC with low

U-value and low water thermal condUEIVILY. ...........cccooveceiiiimmmrieen i mrses 124
Figure 7.1: Energy imbalance for all experimental trials..........c..coceeiiiiiiiiiiiiiiiiiiee s 128
Figure 7.2: Energy imbalance for the different heat pump configurations (bars indicate

means, stub’s indicate standard deviation) ... 129

Figure 7.3: Energy imbalance as a function of the compressor suction vapour superheat....... 130
Figure 7.4: Mass flowrate imbalance for the different measurement setups and heat pump

GO T AT TS e 2.5 1 e e e o S it S S S oy S S0 B S i T8 i B s e 132
Figure 7.5: Refrigerant mass flowrate imbalance for the GC units that were connected in
series as a function of the heat output of the overall GC unit .............ccccooiiiiiiiiiiieiii 133

Figure 7.6: Compressor volumetric efficiency as a function of the pressure ratio at 0, 7.5 and
15°C evaporation temperature (TE) and with vapour superheat between 1 and 17 K. ....134
Figure 7.7: Compressor isentropic efficiency as a function of the pressure ratio at 0, 7.5 and
15°C evaporation temperature (TE) and with vapour superheat between 1 and 17 K. ....135
Figure 7.8: Indicated compressor isentropic efficiency as a function of the pressure ratio at
0, 7.5 and 15°C evaporation temperature (TE) and for vapour superheat between
A A e e e e 136

vii



Figure 7.9: Compressor motor power as a function of the pressure ratio at about 0, 7.5 and
15°C evaporation temperature (TE) and with vapour superheat between 1 and 17 K.....138
Figure 7.10: U-values of GC 1, GC 2.1 and GC 2.2 as a function of the heat transfer rate. ..... 141

Figure 7.11: U-value of the GC 3.1 and GC 3.2 as a function of the heat transfer rate. ........... 142
Figure 7.12: U-value of the GC 1, GC 2.1 and GC 2.2 at constant refrigerant mass flowrate

a8 a tanction of the WateriMass MUK orsimemssrmmmusremnpmsss s sy 143
Figure 7.13: Refrigerant side heat transfer coefficient as a function of the refrigerant mass

flux and at the nominal heat pump operating condition (C11) ... 144
Figure 7.14: GC3.1 effectiveness as a function of the GC refrigerant inlet temperature for

B0°C hotWALET IEIMDE IR, crscommmmomsispms s i sy i s 145
Figure 7.15: Precession of the modelled data ................occoiiiiiiiiii e 146
Figure 7.16: IHX transfer heat rate as a function of the IHX efficiency............................. 147
Figure 7.17: Overall heat transfer coefficient of the IHX as a function of the IHX

e S e e e e B8 o s B e e e P W e el 149
Figure 7.18: Overall U value for the evaporator as a function of the water mass flux. ............. 150
Figure 7.19: Refrigerant side heat transfer coefficient for the evaporator as a function of the

TETAGEFANt FNASS, TV s s s s s o e o s s S S P A e 151
Figure 7.20: Vapour superheat as a function of the gas velocity in the LPR at different

[53V¢= Tol0] ¢=11(0] 101 0) 016 1 {Te k= O 152

Figure 7.21: Calculated compressor efficiency as a function of the gas velocity in the LPR ....153
Figure 7.22: Heat pump COP as a function of the discharge pressure at 60°C hot water

temperature, varying cold water temperatures and varying evaporation temperature

AT PIRSBUTE.... 1o v sssiomnsison s5ina s oo i55mmsi56 Anoimso 5 F8 S SR 55 T S S B S S 156
Figure 7.23: Heat pump heating capacity as a function of the discharge pressure for 60°C

hot water temperature, varying cold water temperatures and evaporation

LEMIPEIAUTE/PIESSUTE. .. ittt e e e e e e e e e s 167
Figure 7.24: Heat pump thermal efficiency relative to the Carnot efficiency for 60°C hot water

temperature and 0°C/33.8 bar.g evaporation as a function of the discharge pressure

and cold water teMPEratUres. ...........oviiiiiiiii e 158
Figure 7.25: Heat pump thermal efficiency relative to the Carnot efficiency for 20 to 60°C

cold to hot water temperature as a function of the discharge pressure and evaporation

=\l o1 =t el U =T ] SEtoTl ) of T KT S P O S SR E0L R - W O 159
Figure 7.26: Heat pump COP at 105 bar.g discharge pressure and varying heat pump cold

WAET (T o) INEEACTTIDETANIIES . comrsuussmommsns s s o R S A S AN e 161
Figure 7.27: Heat pump heat capacity at 105 bar.g discharge pressure and varying heat

pump cold water (T.,,) inlet temperatures.............ooooiiiii s 162
Figure 7.28: Heat pump COP at 105 bar.g discharge pressure and varying evaporating

LETHPETAtURES: (e ) mumvssusmmsmsnsmsmmsssmnmss s esss sumess o s s sy VoA S A RS A SR A 162
Figure 7.29: Heat pump heat capacity COP at 105 bar.g discharge pressure and varying

evaporating temMPEratures (TE). «ooo e ettt e e e e e e e e e 163

Figure 7.30: Effect of the oil return on the compressor performance at 105 bar.g discharge
pressure, 20°C/60°C GC water temperatures and 0°C/33.8 bar.g evaporation
temperature/pressure (C19). .o i merinsinn s seesessressesee b ssssns s e s s seeneees 164

Figure 7.31: Measured water temperature in the HWC during a recovery period with the
heat pump operating at 105 bar.g discharge pressure, 0°C/33.8 bar.g evaporation

temperature/pressure and an initial water flowrate of 121 I/h. ... 165
Figure 7.32: HWC mean water temperature and HWC heat losses during the first heat loss

=Y =T L T o 166
Figure 7.33: HWC mean water temperature and HWC heat losses during the second heat

[OSS AMA] (EAEHOSSR) .. .vcciaiinsssonsmmmisssmmesssisissmvarsasmme sasmmess s ssine s s e msaiasifons s mesion smxss 167
Figure 7.34: Temperature profiles in the HWC during the water withdrawal (cooling trial) and

the:second hieat 105s trial (NEAtHlOSS2). iouvmmmmvnimesnsorinsisnsssssvnssssnsrms s osssmss s E s ras 169
Figure 8.1: Comparison of predicted and measured HWC average temperature for the first

heatloss tial (IMEATIOSESN N oo mmsssrmmmsstnsmmssnss wamsessoonssansnimansmmms s vt oo g s amnsin 170
Figure 8.2: Comparison of measured and predicted thermoclines for the first heat loss trial

== 0L T RN 171
Figure 8.3: Comparison of predicted and measured HWC average temperature for the

second heat 0SS trial (Neat-l0SS2)......cccuuviiiiiiiiiiiieie e 172
Figure 8.4: Comparison of measured and predicted thermoclines for the second heat loss

BT sicsnscmmmsommpenias im0 A S SN S P B G S S 178
Figure 8.5: Comparison of measured and predicted average HWC temperature for the

IR T e 22 20 2 T S B TR e T e T T T T S B B S T S A S B B B S PR 174

Figure 8.6: Comparison of measured and predicted temperatures in the HWC for the

viii



REANG HHBL: cvssuvs o smmmonmumsmsmm e rasmessmos e s s s A3 S 4 4 S8 el SHa o s 174
Figure 8.7: Comparison of measured and predicted average HWC temperatures for the

20191l 11O 1 R PR W E T T ST E T W ST O 176
Figure 8.8: Comparison of measured and predicted thermoclines in the HWC for the cooling

L cosavessmmusmneus smmssmsnn msmans susmmss o o s S8 e o 5 B S S P U A S S SS 176
Figure 8.9: Hot water flowrate withdrawn from the HWC and/or the heat pump for user A, B

and A&B water CONSUMIPLION. ... e 178
Figure 8.10: Temperature of the withdrawn hot water from the HWC and/or the heat pump

for User A, B and A&B Waler ConSUMPHON . es o mmss s pm e s s s ormss 179
Figure 8.11: Heat pump cold water inlet temperature for user A, B and A&B water

Bl g1 UTE | 81161117 T R ST SR SR ST S T URE T EEE LRI ET C I I T LTI TOE CTCEYY 179
Figure 8.12: Heat pump heating COP for user A, B and A&B water consumption................... 180
Figure 8.13: Heat pump heat capacity for user A, B and A&B water consumption. ................. 180
Figure 8.14: Predicted HWC temperatures when supplying the users A&B with hot water

with thermostat settings of 25°C and 15 Kdead band. .............coooiiiiiiiii 183
Figure 8.15: Predicted HWC thermoclines when supplying the User A&B with hot water

with thermostat settings of 25°C and 15 K dead Band. .o ssvasss sopussguss 184
Figure 13.1: Schematic of the transcritical CO; refrigerant cycle .............oooocoiiiiiiii, 210
Figure 13.2: General segment j, somewhere in the gas cooler ..o, 218



List of tables

Table 4.1: Typical NZ elirhatic:data (ASHRAE,; 2001) .. e oo ivmmassmssmsrisns s s pmimsis 33
Table 4.2: Nominal heat pump design criteria’s and corresponding heat exchanger

(=1 [Ul =T =] n) NI BSOS A O SOF N SR SIS S RSO ST SO SO SO0 0 S 38
Table 4.3: Predicted heat pump performance at the nominal design and other operating

CONOINMOIG: o1 rnsrmvis sisrmn e s oy T S T S o T S S R R T T S S A TN oA 40
Table 4.4: Hot water storage cylinder specifications ............coocoumiiiiiiiiiiiiiii e, 45
Table 4.5: Water flow-control valve specifications............ccccooiiiiiiiiiiii e 45
Table 4.6: Water pump SPeCIfiCatIONS ..........iiiiiiiiiiii e 46
Tabled.T: GG -SPECITICEUONE i msysevismsosvssmiemss s e SR RS H R 47
Table 4.8: Dimensions and predicted performance of the gas coolers 1, 2.1 and 2.2

at the nominal design CONAItIONS. ...t 51
Table 4.9: Dimensions and predicted performance of the gas coolers 3.1 and 3.2 at design

COMUTHOMS: scsswmammsmssomsmmmssmmsrsemss s s 6505 L0575 S8 L S S AR Y A oY s el s ey s b2
Trabled.10: Evaporater S D a0 G g meotmctomdimitosiasionsedosins o mtesussodslonintimaidombu sl 53
Table 4.11: IHX SPECIfICAIONS ......oiiiii it 55
Table 4. 12% LPR SPECHICEUON r..nsmesisnminssimimsimmisg s i s e s i s i visgrng 57
Table 4.13: Expansion valve SPeCIfiCationNS ... sossrerssussssisimse sosmmsress sponsss osessas s svsorms 58
Table 4.14: Compressor SPECIfiCatiONS ............oiiiiiiiiiiiiii e 58
Table 4.15: Expected compressor performance data at the various design operating

LT Y0 | (0] L 60
able & 16, COMPrESSOR O S s setotonttostendtootn et dos oo sy ftont o e Sodon oo s Gos GusSrosne 3 61
Table 4.17: Tube specifications design conditioNS ... 62
Table 4.18: Refrigerant ValVe SPECITICAIONS ... ..xmmmrnnsrenssmmssssnssnsnnsiosins st hhnmisssisssnsinssasisnssamme i 63
Table 4.19: Volume and refrigerant charge of the low- and high-pressure side of the system

A (S IN CG M OIS g oot fmsssensos o Ssnie oS oo o - G i 64
Table 4.20: Relief valve SpeCifiCationS ............uuiiiiiiiiiiiiiiiiiiiiieeie e 65
Table 4.21: Compressor discharge non-return valve specifications............ccccccooiiiiii 65
Table 4.22: Heat pump CONED] PATAIMIEIEIS ...msssm s o s sommisssns 67
Table 4.23: Thermocouple and datalogging specifications. ..o 68
Table 4.24: Pressure: Galiges SpeCITTCatiONS: cuwsismmsas s smsssmmsies s 55 s moms s esse: g i snsism 68
Table 4.25: Water flowmeter sSpecifications .............coccooiiiiiiiii e 69
Table 4.26: Energy analyser specCifiCations ..........ccccoviiiiiiiiiiii e 70
Table 4.27: Piping and instrumentation of the heat pump and the HWC ... 72
Table 5.1: Heat pump CONTol PrECISION .o smmonssmvsmsms e ssmims v e sassss s vrsmtss memu fasmsgs 75
Table 5.2: Reference process trial conditionS...............coooiiiiiiiiiii 78
Table 5.3: Heat pump operating conditions used in the trialS............ccoooiiiii, 79
Table 5.4: The experimental set-ups used for the experimental trials...............ccococoiiian. 80
Table 5.5: Gas cooler performance trial objectives, heat pump operating conditions and

EXPEIIMEITA] SEIRUDS ! cwnserssimsnmsintue smssunsionion s s s Saismssiossomsies s sims e dnssiaissiosasisse 81
Table 5.6: Compressor performance trial objectives, heat pump operating conditions and

EXPOTIMENTAl SETAUD sxissusmmmsasasmssesssssss s ans sy vy Sy {0 SR S8 S 82
Table 5.7: Heat pump performance trial objectives, heat pump operating conditions and

EXPENMENTAl SEEUP .....uviiiiiiie ittt et cssss s s st ess s s aa e amae s s e sonmanasessassennssns 82
Table 5.8: Refrigerant charge trial objectives, heat pump operating conditions and

EXPEMMENTal SEIUD wummmsesusin ittt ys ot e orins e 83
Table 5.9: HWC heating trial objectives, heat pump operating conditions and experimental

G4 10 [0 SIS WS AT SN SR EUF SN S P AN SR SUESE A SIS AT O LR SN 83
Table 5.10: HWC cooling trial objectives, heat pump operating conditions and experimental

S N e 84
Table 5.11: HWC standing losses trial objectives, heat pump operating conditions and

XD ETTEII A S EEUD . - iitrssunineiinntrinsossinsiociinshinsior s ivsiosionig s sins s i o s it S e e F e 84
Table 6.1: HWSS water consumption profiles for a household with moderate (profile A)

and excessive (profile B) hot water USage. ........ccceeviiiiiiiiiniiiiiee e 101
Table 6.2: Valid range of the heat pump performance equations...............cccccciiiiiiiiiiin. 106
Table 6.3: Boundary conditions for the HWC model..........cooooiiiiiiiiieceeceeee 113
Table 7.1: GC performance at the nominal heat pump operating condition (C11).................... 140
Table 7.2: Discharge pressure for maximum COP’S ..ot 160
Table 8.1: Model parameter settings used for the HWSS performance modelling................... 177



Table 8.2: Predicted HWSS performance for moderate hot water consumption (user A),
excessive water consumption (user B) and when supplying both users A&B over a

) O R T B R e 181
Table 8.3: Predicted HWSS performance with 5 to 25 K heat pump control temperature

O BTN BT ot i S o i S S e o oo S e e e e e e e S50 248 182
Table 18.1: List:ef the:heat pimp and HWE THAIS wswsms s s s e s o s 232
Table 13.2; Heal Purtp Faw @ata i e s s s s o s omes ey sosnvasss 236
Tiable: 1 8.3 VWG, FRVE IHAEA it smmsis s s spsessiomssmsssmsinisinsiniais s s oo s smosssasmmim i 245

Xi



Chapter 1 Introduction

1 Introduction

New Zealand (NZ) is about to ratify the Kyoto protocol, a global convention to reduce
the global greenhouse gas emissions. Fundamental to the convention is the
development of more energy efficient technologies and greater use of renewable

energies.

New Zealand’s energy production is predominantly fossil fuel based (72% of the total),
followed by hydro-powered electricity (23%), geothermal electrical power (5%) and
other renewable energies (less than 1%) (Ministry of Economic Development, 2000).
The production of sanitary hot water in domestic household accounts for 8.7% of the
total energy use and represents 38% of the domestic energy consumption (4000

kWh/year for the average household).

Water heating technology in domestic and commercial applications is dominated by
electric (69%) and gas-fired (19%) storage units (Willamson and Clark, 2001).
Alternative systems, such as solar thermal, wet-backs and heat pumps represent less
than 1% of the market. Even though the gas instantaneous water heaters dominate

many world markets, the technology has only 8% of the market in NZ.

World-wide about 90 million heat pumps were installed in the year 1997, predominately
for residential space heating, air conditioning and cooling applications (Runacres,
2002). The heat pump market has grown at an average of 15% per year since 1992.

The biggest markets are China, Japan and the USA.

Heat pumps have the potential for high-energy efficiency but the high heating
temperature required for the domestic hot water production limits their efficiency and
use in domestic water heating applications. Therefore the use of heat pumps for water
heating has not been as widespread as the use of heat pumps for space heating and

air conditioning.

The recent concerns of ozone depletion and global warming caused by the emission of
fluorocarbon refrigerants, has increased the research on more sustainable heat pump
technology. One alternative is the natural refrigerant carbon dioxide (CO,), which has
high potential for water heating applications when used in a transcritical heat pump

cycle (Lorentzen, 1994a).
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The overall aim of this research was to develop and test the performance of a water
heating heat pump using the transcritical CO, cycle based on a prototype CO,

compressor produced by Dorin SA an Italien compressor manufacturer.
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2 Literature Review

The scope of this chapter was to review the requirements of domestic hot water
heating in NZ and the state of art technology for hot water supply systems, including
conventional heat pump technology. Further the advantages and disadvantages of both
conventional and CO, heat pumps for water heating and the general applications for

CO,, including the availability of the equipment were reviewed.

2.1 Hot water heating

The technology used for hot water supply systems (HWSS) in NZ has been
summarised by Williamson and Clark (2001). This survey of NZ's households covers
many aspects of the hot water production such as economic requirements for hot water
production and safety standards. Further information about the state of art
technologies, used for hot water production in NZ were available on the Energy
Efficiency Resource Assessment (EERA) (Rossouw, 2000). Corresponding data for the
American situation is available from ASHRAE (1999).

2.1.1 Requirements for hot water production

The HWSS must heat cold fresh water from the main supply to the desired temperature
and supply the user with sufficient hot water at any time (Williamson and Clark, 2001).
The main requirements for HWSS's are reliability, safety, energy efficiency and low
cost. The most common water temperature is in the range of 50-70°C for households
and up to 100°C in the commercial sector and/or special circumstances. The amount of
hot water typically used in NZ varies between 160 and 330 litres at 60°C per day per
household.

New Zealand’s building code requires the hot water production temperature to be 60°C
or higher to avoid the growth of Legionella. However, the delivery temperature to the
user is often lower than 55°C to reduce the danger of burns. ASHRAE (1999) provides
more detailed information about Legionella and other bacterial growth in water supply

systems, including their prevention.
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2.1.2 Hot water supply systems (HWSS)

The general function of the HWSS is to supply the user with sufficient hot water at any
time. The hot water can either be a) produced on-demand or b) supplied out of a water

storage tank (hot water cylinder, HWC).

a) On-demand water heating

On-demand water heaters (also called: instantaneous water heaters) operate without a
storage tank and the hot water is produced and supplied directly to the user when
required. The heating capacity requirement of such an installation is high compared to
a hot water supply system operating with a storage tank. Electric installations generally
operate at constant power and the water temperature is controlled by the water flow
rate, whereas modern gas powered units control the gas combustion to produce the
water at the demanded temperature. Electric instantaneous water heaters have
efficiencies of about 95%, while gas powered units typically achieve efficiencies of 65
to 80% due to the losses associated with the pilot flame of the gas burner and losses of
the flue gas (Williamson and Clark, 2001).

b) Storage systems

Water heaters that operate in combination with a HWC heat the water over the time
and store the water at useful temperature in the HWC until needed. The heating
capacity is designed to heat the content of the HWC within the desired recovery time of
the HWC. Typical recovery time is 4 to 6 hours and the water in the cylinder is often
heated during the night using low night power-supply rates. The water heater starts
operating when the water temperature at the thermostat, which is installed towards the

bottom of the HWC, is lower than the set point.

Gas heated storage systems typically achieve efficiencies of 70-80%. The only losses
of electric HWC are the so-called standing losses of the HWC (i.e. convective heat

losses to the surrounding air).

HWC models in NZ are graded from ‘A’ to ‘C’ depending on their insulation level.
Modern A-grade HWC have heat losses in the range of 600-800 kWh/year, while C-
grade cylinders (manufactured between 1976-1986) have losses of 1300 to 1800
kWh/year (Williamson and Clark, 2001).
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HWC's typically rely on the creation of a thermocline between the hot and the cold
water. Hot water is drawn to the top of the HWC and is replaced by cold water entering
at the bottom. Density differences prevent mixing of the water until heating starts. Most
electric and gas installations heat the water at the bottom of the HWC so that the hot
water with a low density rises to the top, while the colder water with a high density
sinks to the bottom. Hence during heating the contents of the HWC is mixed. Some
HWC use an electric boost-element at the top of the cylinder so the upper part of the

cylinder can be recovered faster and a shortage of hot water prevented.

A more enhanced separation of the hot and cold water in the cylinder can be achieved
with a fully stratified HWC. The cold water from the bottom of the cylinder circulates
through an external water heater, where it is heated to the hot water temperature and
returns to the top of the HWC. Similarly when hot water is supplied to the user out of
the top of the cylinder, cold water flows through the bottom inlet. Thereby mixing of the
hot and cold water is limited and the hot water temperature remains high until the HWC

is nearly completely exhausted.

There have been numerous theoretical analysis and experimental investigations into
stratified chilled water storage tanks (e.g. Nelson et al, 1998). However, investigations
into stratified hot water storage tanks have been less frequently reported (e.g. Oppel et
al, 1986).

2.2 Heat pumps

2.2.1 General heat pump description

Heat pumps transfer heat from a reservoir at low temperature (heat source) to a
reservoir at high temperature (heat sink) by using the phase change energy of a
working fluid (refrigerant). In the most common vapour compression cycle, the liquid
refrigerant evaporates in a heat exchanger (evaporator) at a low pressure and
temperature by absorbing heat from the heat source. The vapour is compressed to a
higher pressure and temperature and condenses in a second heat exchanger
(condenser) by rejecting the heat to the heat sink. A throttling device closes the cycle
by expanding the working fluid to the low pressure again. The heat pump process

generally operates below the critical point of the working fluid.
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The efficiency of a heat pump is usually expressed as the coefficient of performance
(COP), which describes the ratio between useful energy output and energy input to the
process (ASHRAE, 2001). The ideal theoretical process is the completely reversible
Carnot cycle. According to the second law of thermodynamics the heat sink and heat

source temperatures determine the Carnot cycle efficiency.

T

heat sink

>

heat source

COP,

Camot —
Theal sink

Practically the efficiency of the Carnot cycle never can be achieved since the heat
transfer in the heat exchangers and the compression and expansion are not

irreversible. In heating mode the COP of a heat pump is given by:

heat output  heat transfered in the condensor

COP,. = : =
work input work to compressor

heat

Heat pumps are often characterised by their thermal efficiency related to the Carnot

cycle (Carnot efficiency):

COP,oat
Mcamot = W

Carnot

Heat pumps operating in conventional applications such as air conditioning and space
heating in a moderate climate, generally achieve COP’s in the range of 3 to 5 and up to
8 in special circumstances. The Carnot efficiency is generally in the range of 0.2-0.5
and seldom higher than 0.6, because approximately 50% of the efficiency losses are
caused by the compressor, temperature differences in the heat exchangers and the
throttling losses (Neksa, 1994).

2.2.2 Refrigerants

Refrigerants are the working fluid in heat pump cycles. According to the second law of
thermodynamics the theoretical energy efficiency of a heat pump system depends only
on the thermodynamic process and is independent of the thermodynamic properties of
the working fluid. However, in practise the refrigerant properties have substantial effect

on the system performance.
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The main thermodynamic characteristics of the refrigerants are their critical
temperature, thermal conductivity, latent heat of evaporation, specific volume of
vapour, and viscosity. Also important are their long-term chemical stability under typical
operating conditions, their safety, such as toxicity, flammability and odour, plus their
compatibility with the system components, availability, cost and their environmental
compatibility (ASHRAE, 2001).

Refrigerants used are dominated by the synthetic fluorocarbon refrigerants so
conventional heat pump equipment has been standardised to suit these refrigerants
(e.g. maximum pressure rating of 25 bar). For example the frequently used synthetic
refrigerants HCFC-22, HFC-134a and HFC-407C have saturation pressures of 5.0 bar,
2.9 bar and 4.9 bar at 0°C and 24.3 bar, 16.8 bar and 26.6 bar at 60°C respectively.

2.2.2.1 Phase out of synthetic refrigerants

The fluorocarbon based synthetic refrigerants, such as CFC's and HCFC’s are harmful
to the environment, cause long-term global damage to the ozone layer and contribute

to global warming due to their high chemical stability and other chemical properties.

The Montreal protocol initially signed in 1987, and its following revisions, successively
ban “substances that deplete the ozone layer”. The production of CFC’'s has been
prohibited since 1996 and the production of HCFC’'s will be stopped completely by
2030. The hydro-fluorocarbons (HFC'’s) do not deplete ozone and their production and
use is not restricted by the Montreal protocol. However restrictions to their use may be

imposed by individual countries due to the global warming effects (ASHRAE, 2001).

CFC's or HCFC's refrigerants can either be replaced by drop-in refrigerants with similar
thermodynamic properties, such as HFC'’s or replaced by working fluid with no ODP
and low GWP, such as natural refrigerants. The high GWP makes the use of the HFC'’s
debatable and critics have proposed the use of natural working fluids with known long-
term effects on the environment (e.g. Lorentzen, 1994a; Novelli, 1994, Halozan et al,
1994; Pettersen, 1995).

2.2.2.2 Natural refrigerants

The natural substances that are suitable to be used as working fluids are air (R-729),
water (R-718), ammonia (R-717), hydrocarbons (e.g. R-290, R-1270 and R-600a),
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carbon dioxide (R-744), nitrogen (R-728) and noble gases. In the recent past, only

ammonia has commonly been used in commercial applications (Lorentzen, 1994b).

The advantages of the natural working fluids are their known short- and long-term
effects on the environment. The main disadvantageous compared to the synthetic
refrigerants is their chemical properties. In particular, many of the natural working fluids
are flammable and/or toxic, which limit their use as commercial refrigerants due to
safety reasons. However, Lorentzen (1994b) suggested that the danger of natural
working fluid in domestic applications is often overestimated. It is pointed out that
natural working fluids are already widely used in (non-refrigerant) domestic and

commercial applications.

2.2.3 Conventional heat pumps for water heating

Tap water heating requires relatively large temperature lifts e.g. from an ambient

source temperature of 15°C or less to a hot water temperature greater than 60°C.

The hot water temperature of a conventional heat pump for water heating is limited by
the condensing temperature of the working fluid at the given operation conditions. The
working fluid enters the condenser as superheated gas and cools down until the gas
starts to condense at constant temperatures (Figure 2.1). The water is heated counter
currently and at a gliding temperature. The driving force for the heat transfer in the heat
exchanger decreases as the water heats up and there is a pinch where the working
fluid starts to condense. The temperature gradient may become so small, that little

further heat can be transferred.

The pinch effect can be minimised with condensing temperatures much greater than
the desired hot water temperature. However, this implies a large pressure ratio leading
to reduced process efficiency. Therefore the water is often heated by re-circulating it
through the heat exchanger several times before reaching the desired end-point
temperatures. At the beginning of the heating process, the condensing temperature is
low due to the low mean water temperature in the heat exchanger. The water
temperature increases with each circulation through the heat exchanger so the
condensing temperature increases and the process becomes progressively less
efficient. In conclusion, the conventional heat pump process with rejection at constant
temperature leads to poor temperature matching between the refrigerant side and the

water side.
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Figure 2.1: Temperature profile during heat rejection in a conventional water heating

condenser.

The practical feasible process efficiency of conventional heat pumps is about 50% of
the ideal Carnot cycle efficiency, resulting in COP's of 2.5 to 3.0. This is relatively low

compared to many other heat pump applications.

Egger (1987) investigated practical improvements to conventional hot water heat
pumps. The largest source for improvements was the compressor performance. With
recently available components, efficiency improvements were achieved by using a
stratified HWC, which reduces the heat pump water inlet temperature and by using an
internal heat exchanger (IHX) for suction vapour superheating. The later has increased
the COP of the tested heat pump by 10 to 12%. The refrigerant used in the heat pumps
was not mentioned. However whether the IHX improves the COP depends on the type

of refrigerant because increased superheat is not useful for all refrigerants.

In contrast, investigations carried out by Klein et al (1999) have shown, that the effect
of a suction side heat exchanger for suction vapour superheating and simultaneous
high pressure refrigerant sub-cooling, depends on the process conditions, the
refrigerant and pressure drop in the heat exchanger. Higher superheating results in
increased compressor discharge temperature but at the costs of reduced refrigerant
mass flow rate and leads to poor compressor performance. It was found that the COP

changes in direct proportion to the capacity.

From a cost perspective, any gains in the COP and the reduced energy costs may not
compensate for the loss of capacity since the lower capacity requires a bigger

compressor, which affects the initial system costs.
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Carrier Ltd (NZ) produced an air-source heat pump for water heating in domestic
applications using HCFC-22. The heat pump has a nominal capacity rating of 1.9 kW at
18°C ambient air temperature and produces water at constant temperature of 60°C.
The heat pump gives a seasonal COP of 2.0 to 2.3 in NZ. The heat pump operates in
combination with a stratified water storage tank. The heat pump installation is 0.7 m
wide by 0.5 m high and 0.28 m deep and can be installed in a ceiling space or

outdoors.

Field test data of heat pump water heaters, operation problems and practical
experiences such as installations and the costs have been reported by Hiller (2002).
The investigation has shown that the first cost of a heat pump water heater, including

the installation costs is more than double normal electrical installations.

2.2.4 Trans-critical carbon dioxide heat pump
2.2.41 Carbon dioxide as a working fluid

Environmental aspects

Carbon dioxide is a greenhouse gas with a global warming potential (GWP) of one and
no ozone depletion potential (ODP). Therefore it has no harmful effects on the ozone
layer and there are no unknown long-term effects on the environment. Since carbon
dioxide is recovered from the atmosphere or from industrial vent gas, its use as a
refrigerant does not have a negative impact on the greenhouse effect (Lorentzen,
19944, 1994b; Pettersen, 1995).

Thermodynamic properties

The characteristics of carbon dioxide have been described in many publications, such
as by Pettersen (1995). Important characteristics are the low temperature of the critical
point (31.1°C and 73.8 bar), the high saturation pressure at normal operating
conditions resulting in high volumetric refrigerating capacity, and the rapid changes in

the specific enthalpy above the critical point.
Thermodynamic and transport property data and methods for their evaluation, including

the deviation from the ideal gas behaviour in the supercritical region, have been

presented by Vesovic et al (1990) and Fenghour and Wakeham (1998). In general

10
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terms, carbon dioxide transport properties lead to low pressure-drop and high rates of

heat transfer.

Chemical properties

The chemical properties of carbon dioxide are well known. Carbon dioxide is a
colourless and odourless gas. Below 2000°C it remains stable and inert. It is non-
flammable and non-toxic (unlike all other natural alternatives that are toxic and/or
combustible), although it can lead to asphyxiation. Carbon dioxide is harmful and
causes headache, dizziness, fainting and finally death, when in concentrations higher
than 15% (v/v) in air. Since the gas is 1.5 times heavier than air it can accumulate to a

deadly concentration in closed rooms or cellars.

When releasing high-pressure liquid carbon dioxide at normal ambient temperatures to
atmospheric pressures, two thirds of the liquid evaporates and the rest becomes solid

"dry ice" at -80°C. The dry ice slowly sublimates under atmospheric conditions.

Carbon dioxide is compatible with normal lubricants and construction materials.
However, zinc should not be used since it will react to zinc-hydroxide (Zn(OHy;)).
Leisenheimer and Fritz (2000) studied the compatibility of carbon dioxide with
elastomers, focusing on the leakage of the refrigerant. It was shown that fluorinated

elastomers performed well in carbon dioxide systems.

2.2.4.2 Carbon dioxide heat pump process

In heat pump applications, CO, must generally be operated in a transcritical cycle,
because of the low critical temperature. The system pressures in a transcritical
refrigerant cycle are generally higher than in a conventional system. The behaviour of
heat pumps based on the trans-critical carbon dioxide cycle has been described by
many authors (e.g. Lorentzen, 1994a, 1994b; Neksa, 1994; Pettersen, 1995; Halozan
and Rieberer, 1999, 2000).

The main characteristic of the transcritical vapour cycle is the heat rejection above the
critical point and the heat absorption below the critical pressure of the working fluid
(Figure 2.2, left) whereas in a conventional (Evan-Perkins, E-P) refrigerant process the

conditions remain below the critical point (sub-critical) (Figure 2.2, right).

11
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Figure 2.2: Pressure-Enthalpy diagram for transcritical (left) and conventional (right) heat

pump cycle.

Above the critical point the working fluid is no longer a liquid or a gas but a supercritical
fluid. A supercritical fluid is a gas-like medium with strong deviation from the ideal gas
laws. Saturated conditions do not exist and the fluid does not change phase. Hence it
cannot condense, and unlike the saturated condition in the two-phase area, the
pressure and temperature are independent of each other. The heat rejection in the
supercritical region takes place at gliding temperatures in the gas cooler (GC:
equivalent to the condenser in a sub critical heat pump). The supercritical process can
theoretically supply unlimited amount of heat by increasing the high pressure.
However, practically the heating capacity is limited by the compressor efficiency,

because increased discharge pressure implies higher compressor pressure ratio.

Discharge pressure control

The discharge pressure in the supercritical area is not determined by the condensing
temperature and some kind of pressure control is required. For the selection of the
discharge pressure, the heat pump heating capacity, efficiency and gas cooler length
and costs have to be considered. At given heat pump conditions, the discharge
pressure can be optimised. Due to the shape of the isotherms above the critical point,
there exists an optimum pressure where the gain in the rejected heat does not
compensate the additional compressor work and the associated heat pump efficiency
losses so the COP is maximised (Neksa et al, 1997, 1998).

The term optimum discharge pressure for maximum COP is ambiguous in the literature
and the difference between the theoretical maximum COP and the maximum feasible
COP in a practical system should be made. Theoretically the heat transfer process in
the gas cooler is reversible and the optimum discharge pressure is a pure function of

the process enthalpies. Practically, the heat rejection process in the heat exchanger

12
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has a significant influence on the system efficiency and the feasible COP is mainly

limited by the temperature approach at the end of the gas cooler.

The optimum discharge pressure has been studied by many authors such as Pettersen
and Skaugen (1994), Liao and Jakobsen (1998) and Vaisman (2000, 2002). The
pressure is mainly affected by the heat sink inlet temperature, the heat source
temperature and the compressor efficiency; in particular the heat sink inlet temperature
has a strong influence on the COP. The usage of an internal heat exchanger reduces

the efficiency losses when operating at a non-optimum discharge pressure.

Experimental studies, including those by Pettersen and Skaugen (1994), Grohmann
and Wobst (1998) and Rieberer et al (2000) have shown less influence of the
discharge pressure on the system efficiency than expected from theoretical cycle

calculations.

Pettersen and Skaugen (1994) measured process efficiency losses of 5% with
deviations of about 4 to 5 bar from the optimum discharge pressure when operating at
heat sink inlet and outlet temperatures of 35°C and 50°C and an evaporation
temperature of 5°C. Similar observations have been made by Rieberer et al (2000).
The performance of a heat pump was measured at a heat source inlet temperature
between -10°C and 20°C and a temperature of 10°C and 60°C at the heat sink inlet
and outlet respectively. The measured COP changes were +2.5% for deviations of

+10 bar from the optimum discharge pressure.

More significant changes in the optimum discharge pressure were observed when
varying the heat sink inlet temperature between 10°C and 50°C. For a constant heat
sink outlet temperature of 60°C and a constant heat source temperature of 10°C, the
COP decreased from 3.9 at 10°C heat sink inlet temperature to 3.2 at 30°C (18% drop
in COP) and 2.4 at 50°C (38.5% drop in COP). Hence a discharge pressure control is
required to achieve satisfactory efficiency if the heat sink inlet temperature varies
(Rieberer et al, 2000).

In conclusion, the studies have shown that a discharge pressure control is only
required when the heat sink temperatures varies in a wide range exceeding
approximately 30°C. However, the measured efficiency losses depend on cycle

configuration, the discharge pressure and the component performance.
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2.2.4.3 Refrigerant cycle

The existence of the optimum heat rejection pressure for maximum COP has to be
considered for the cycle design and its control strategy. Possible cycle configurations,
aiming to produce simple and cost-effective discharge pressure control at a maximum
or near maximum efficiency have been proposed by many authors (e.g. Lorentzen and
Pettersen, 1993); Pettersen and Skaugen, 1994; Pettersen, 1999a). The main
differences relate to the use of liquid receivers. The most frequently investigated

configurations are:

a) Cycle with a low pressure receiver
b) Cycle with an intermediate pressure receiver

c) Cycle without a receiver

a) Cycle with a low pressure receiver (LPR)

Lorentzen (1993) patented a cycle with a low-pressure receiver that is suitable for the
transcritical carbon dioxide process. It is known as the Lorentzen cycle and has proven
satisfactory performance in air conditioning and water heating applications. The cycle
has been described and tested by Pettersen and Skaugen (1994), Neksa et al (1997)

and Rieberer et al (2000) among others.

The cycle consists of a compressor, gas cooler (GC), internal heat exchanger (IHX),
expansion valve, evaporator and LPR. The expansion valve controls the discharge
pressure. The evaporation process in the flooded evaporator unit is not controlled. The
LPR receiver has multiple functions, such as the separation of the vapour/liquid mixture
at the end of the evaporator, it provides buffer refrigerant to maintain the optimum
refrigerant charge at changing operation conditions, it provides surge volume and it
prevents liquid carry over to the suction of the compressor. The advantage of this
configuration is the self-balancing low-pressure side, operating at maximum
evaporation pressure at all operation conditions and the simple cycle control with only

one valve. A disadvantage is that the oil has to be recovered from the LPR.

b) Cycle with a intermediate pressure receiver (IMP)

The refrigerant cycle with an IMP has been described by Pettersen (1999a), and
experimentally investigated by Rieberer et al (2000) and Grohmann and Wobst (1998)

and others. In this cycle the high-pressure refrigerant is expanded to intermediate
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pressures in the receiver. In a second expansion, the refrigerant is expanded to the
evaporation pressure using a conventional thermostatic expansion valve. The
discharge pressure is controlled by the first expansion valve, which controls the
refrigerant flow to produce a constant suction vapour superheat. The IMP stores
refrigerant at changing conditions. Oil is carried back to the compressor by the suction
vapour. Difficulties sizing the receiver and the expansion valve have been reported but
it was suggested that the performance is as good as the cycle with a LPR (Rieberer et
al, 2000).

c) Cycle without a receiver

Grohmann and Wobst (1998) and Rieberer et al (2000) tested systems without a

receiver.

The cycle operates with a thermostatic valve, which controls the evaporation so that
the discharge pressure becomes a function of the refrigerant charge and the operating
conditions. The main advantage is the simplicity but it is at the cost of reduced control

flexibility. Also, the system is sensitive to refrigerant charge.

Rieberer et al (2000) investigated the effect of the refrigerant charge on the system
efficiency. The heat rejection pressure remained near the optimum discharge pressure
when undercharged while 15% overcharge result in excessive (40 bar) deviations from
the optimum discharge pressure at -10°C heat source temperatures. However the
significance of the refrigerant charge on the system efficiency depends on the system

design, such as the volume of the high and low-pressure side components.

Refrigerant cycle control

In a transcritical heat pump two parameters may have to be controlled: (a) the
discharge pressure and (b) the system capacity. The heat rejection pressure affects

both the system efficiency and the capacity.

a) Control of the discharge pressure

The discharge pressure can be actively controlled by an expansion valve or passively
controlled by the conditions in the low-pressure side. Options for active control are to
control the optimum pressure or to hold the pressure at a constant pressure near the

optimum.
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Pressure control at optimum pressure has been described by many authors (e.g.
Pettersen and Skaugen, 1994; Rieberer et al, 2000). Most controlled the pressure
using the refrigerant temperature at the gas cooler outlet as the control parameter. It
was suggested that a linear pressure control, proportional to the increasing refrigerant
gas cooler outlet temperature is appropriate for a wide range of operating conditions.
Rieberer et al (2000) controlled the discharge pressure by sensing the compressor

discharge temperature, rather than the refrigerant temperature at the gas cooler outlet.

Grohmann and Wobst (1998) proposed that the gain in the efficiency does not justify
the equipment costs for exact heat rejection pressure control. The efficiency of an air-
conditioning system varied less than 4% when changing the discharge pressure
between 95 and 110 bar. Similar observation have been made by Pettersen and
Skaugen (1994) and Rieberer et al (2000).

b) Capacity control

Lorentzen (1993) suggested the possibility of capacity control through discharge
pressure adjustments. Later experimental results showed that the capacity control is
limited by the compressor inefficiency and by the reduced refrigerant mass flow
(Pettersen and Skaugen, 1994). It was suggested that conventional capacity control

based on speed control of the compressor would be both more efficient and simpler.

2.2.44 Heat pump performance

General methods for efficiency evaluations of the transcritical cycle based on the
modified cryogenic approach have been described by Vaisman (2000, 2002).
Equations for the evaluation of the process efficiency determined by the heat pump
conditions and the CO, properties were given. The method distinguishes between the
possible process efficiency and the process losses and allows significant factors

affecting process losses to be identified.

Neksa (1994) identified the fundamental advantages of a transcritical heat pump for
water heating applications. The study compared the efficiency and the costs of a
transcritical carbon dioxide heat pump process for water heating with corresponding
conventional CFC-12 and HCFC-143a processes. In both processes, conventional and
transcritical, the efficiency losses are mainly caused by the compressor (about 50% of
the total process losses). In terms of the heat rejection, the transcritical process

performs significantly better than the conventional CFC-12 process. Higher throttling
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losses are caused by the expansion valve in the transcritical process but the losses are
less significance on the overall process efficiency than for the conventional process.
The investment cost was theoretically estimated to be about the same for both
systems, with higher compressor costs but lower heat exchanger costs for the

transcritical system.

In theoretical cycle evaluations CO, can not compete with conventional refrigerants
such as CFC-12, HCFC-22 or HFC-134a. Pettersen (1995) calculated the theoretical
coefficient of performance (COP) of carbon dioxide operating in a simple E-P cycle to
be less than 75% of that for CFC-12.

Practically, the efficiency losses of the refrigerant process are smaller than in a
conventional system and the transcritical CO, process achieves superior efficiency in
applications with limited heat sink, low heat sink inlet temperature, high temperature
glide of the heated medium and an unlimited heat source. The real advantages of such
an application is the close match between the refrigerant temperature and the heat sink
temperature in the gas cooler, and the possibility of gas being cooled close to heat sink

temperatures leading to highly efficient heat transfer and reduced heat losses.

Disadvantageous is the rapid loss of efficiency at increasing heat sink inlet
temperatures. Because of the high throttling losses, the process is not suitable for
applications where small temperature glide, low heat sink outlet temperature and/or
high heat sink inlet temperature occur. This may be improved by two stage
compression cycles or by using an expansion device for work recovery (Lorentzen,
1994a, 1994b; Pettersen, 1995; Heyl et al, 1998; Halozan et al, 1994).

Besides the thermodynamic advantages in certain applications, carbon dioxide has a

number of practical benefits, such as:

e Reduced component size

The high system pressures of a carbon dioxide system leads to high volumetric
refrigerating capacity and constructional advantages, such as reduced compressor
displacement (5-10 times smaller than for conventional refrigerants with the same
refrigeration capacity), compact heat exchangers and small pipe diameters. The
reduced weight and the compact design are favourable for transport refrigeration
applications (Lorentzen, 1994a, 1994b, Halozan et al, 1994).
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e Improved compressor efficiency
The high saturation pressures of CO, lead to small compressor pressure ratio and
efficient compression. This is in particular favourable since the compressor causes the

biggest energetic losses in every heat pump process (Pettersen and Skaugen, 1994).

e Practical use of refrigerant

Carbon dioxide is gained from the ambient air at low costs, the gas is already widely in
use, necessary infrastructure exists and the handling is simple and well known. The
refrigerant does not have to be recovered from refrigerant systems or recycled
(Pettersen, 1995).

e Compatibility
CO; has no harmful effect on the ozone layer and its global warming potential is low
compared to the conventional refrigerants so it will not be banned for any

environmental reasons.

The main disadvantage is the availability and the cost of the heat pump components.
However, Halozan and Reiberer (2000) suggested that ultimately the system costs of a
transcritical system are mainly dependent on whether the components, in particular the
compressor, will be mass-produced. At this stage the availability of the components is

certainly a critical factor for the commercial applications.

2.2.4.5 Heat pump performance modelling

Simulation of the transcritical heat pump process, the appropriate control strategy and
the performance of the individual components, in particular of the gas cooler, require a
steady-state mathematical model. Such a model has been described by Skaugen and
Svensson (1998). The investigation focused on the heat rejection process in the gas
cooler at varying high pressure between 70 and 110 bar and varying water mass flow
rates from 0.13 to 0.23 I/s. The results of the model were in good agreement with the

measured data.

The modelling of an air-conditioning unit based on a carbon dioxide heat pump was
described by Robinson and Groll (2000). The model evaluates the overall cycle
performance as well as the performance of the individual components. The predictions

were in good agreement to the data for an air conditioning model for conventional
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refrigerants, however, the verification of the model with experimental CO, data was not

described.

A carbon dioxide heat pump for simultaneous heating and cooling has been modelled
based on experimental data for a full-scale laboratory prototype by White et al (1999).
The investigation showed that hot water between 65 and 120°C could be produced with
at a moderate reduction of the COP by 33%. Further potential for improvements in the

efficiency by increasing the gas cooler size were suggested.

2.2.5 Applications of carbon dioxide heat pumps

Carbon dioxide heat pumps can perform thermodynamically and/or environmentally
equal or better than conventional heat systems in many applications, such as low
temperature district space heating, air conditioning, drying and dehumidifying

processes and water heating (Lorentzen, 1994a).

2.2.5.1 Air conditioning

Theoretical and experimental investigation of carbon dioxide in air-conditioning
systems have shown that CO, can compete with a conventional HCFC-22 systems
(Aarlien et al, 1996). Similar studies has been reported by Yin et al (1998), Beaver et a/
(1999) and Richter et al (2000). Compared to conventional systems, the carbon dioxide
heat pumps operate at competitive efficiencies with slightly higher efficiency in heating

mode and slightly lower efficiencies in air cooling mode.

Experimental investigations for car air-conditioning have shown that carbon dioxide
performs similarly to a conventional air conditioning system with COP’s in the range of
1.5 to 2.5. (Pettersen and Skaugen, 1994; Preissner et al, 2000; Hafner, 2000).
Environmentally, carbon dioxide has a high potential to improve transport heat pump
applications, since this sector has been by far the biggest source of emissions of gases
with high ODP (Pettersen and Skaugen, 1994; Toshio and Kenichi, 1998).

2.2.5.2 Space heating

The development of carbon dioxide heat pumps for space heating in existing buildings
using different heat sources has been reported by Brandes and Kruse (2000). With an

air-to-water heat pump, annual COP’s higher than 3.2 have been achieved. A ground
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water source water-to-water heat pump operated with annual COP of approximately
2.3.

Richter et al (2000) compared the performance of a conventional and a carbon dioxide
heat pump for space heating. The carbon dioxide system operated at a slightly lower
COP than the HFC-410a system but had a higher capacity at low ambient

temperatures.

Space heating in modern low-energy houses and commercial buildings was
investigated by Rieberer and Halozan (1998, 1999). CO, heat pumps had potential for
heat recovery and achieved COP’s in the range of 5 to 10, depending on the operation

conditions and the heat source.

2.2.5.3 Drying / dehumidifying

The design and experimental data of an laundry drier, using a transcritical carbon
dioxide heat pump has been presented by Schmidt et al (1998) and Schmidt and
Fredsted (1999). The heat pump dehumidifies the moist airflow from the drying process
and recovers the heat. The performance was similar to a conventional system, and

considerable environmental benefits were also achieved.

2.2.5.4 Water heating

Several transcritical carbon dioxide water heaters using laboratory compressor
prototypes have been developed and described in the literature (e.g. Hwang et al,
1997a; Neksa et al, 1997, Kasper and Halozan, 1997). However, the test rigs have
often been used for investigations into the general characteristics of the transcritical
cycle, the process control or component performance, rather than evaluating the

applications itself.

A prototype air-source 4.5 kW hot water supply unit with a storage tank for domestic
buildings has been described by Hashimoto and Saikawa (1997) and Saikawa and
Hashimoto (1998, 2000). The heat pump uses the Lorentzen refrigerant cycle and a
semi-hermetic scroll compressor. The water temperature was kept constant at 65°C.
The high pressure was controlled at optimum pressure by an electronic expansion
valve. Field tests showed an overall yearly COP of over 3 in Tokyo's climate with
estimated heat source and fresh water temperatures between 5°C and 23°C and 3°C

and 23°C respectively.
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Zakeri et al (2000) presented preliminary performance results for a commercial water
heater with a design capacity of 22 kW (earlier design descriptions were reported by
Neksa et al (1998). The pilot plant was installed in a food-processing factory. At design
conditions, water was heated from 9°C to 75°C giving a COP of 4.3 with an evaporation
temperature of 20°C. The seasonal COP was approximately 4. The system uses the
Lorentzen cycle, with a semi-hermetic 2-cylinder compressor (single stage) and a
manually adjustable backpressure regulator for discharge pressure control. As a heat

source, the condenser heat of an ammonia cascade refrigerant plant was used.

The characteristics of a heat pump water heater in combination with a stratified tank
has been described by Lemke et al (1999). The aim of the investigation was to improve
the performance of a hot water supply unit operating with a transcritical carbon dioxide
heat pump by reducing the water temperature at the heat pump inlet. The first
experiments were based on the re-heating characteristics of the water in the storage
tank and showed promising results. Although the improvements were not quantified,

further research work was proposed.

A prototype for industrial water heating, combined with simultaneous cooling, has been
built and tested by Yarrall (1998) and Yarrall et al (1998). The prototype had a heating
capacity of 130 kW when heating water from 10 to 90°C and simultaneous cooling
capacity of 90 kW at -5°C evaporation temperature. The combined heating and cooling

COP was 5.4 at 0°C and 4.8 at -6°C evaporation temperature.

2.3 CO; heat pump equipment

Conventional refrigerant equipment cannot be used in transcritical carbon dioxide
systems where pressure is often at 100-150 bar. The high pressures require new
technology, in particular for the compressor. Several compressors have recently
become available on the market. Other components, such as expansion valves, have

recently become available as prototypes and maybe available for research purposes.

2.3.1 Personal safety

Safety aspects in terms of an explosive discharge of a carbon dioxide system have
been studied by Pettersen (1999b). This investigation showed that the explosive
discharge energy of a conventional HCFC-22 heat pump and a carbon dioxide heat

pump system of equal heating capacity are comparable. The carbon dioxide has the
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higher explosive discharge energy at temperatures below 60°C but the explosive
discharge energy equalises at temperatures around 60°C. Above that temperature, the

carbon dioxide system has less explosion energy than the conventional system.

Overall, carbon dioxide is proposed as being as safe for the user as the widely used
conventional refrigerants, including the halocarbons. The high pressure has to be
considered for the component design due to the safety factor, but it does not lead to

general construction difficulties (Lorentzen, 1994a, 1994b; Pettersen, 1995).

2.3.2 Carbon dioxide compressors

The high operating pressure of carbon dioxide systems requires new compressor
design and technology. Design criteria for compressors in transcritical carbon dioxide

cycle have been investigated by Suess and Kruse (1997a, 1997b) and Suess (1998).

Dorin SA (ltaly) developed a one and two stage semi-hermetic piston compressor
series with 0.5 to 12.7m>/h swept volume and a cooling capacity of 0.6 to 15 kW at
-35°C evaporation temperature. The compressor performance data were presented by
Neksa et al (1999), Dorin and Neksa (2000) and later by Hubacher and Groll (2003).

A small hermetic oil free compressor with 1.25 m*/h swept volume, driven by a 0.5 kW
motor was described by Baumann (2001). The compressor development was

supported by the Swiss Federal Office of Energy (SFOE).

Preliminary results of the performance of an 2-stage reciprocating compressor
prototype, built by the company Bock, have been published by Foersterling et al
(2000). The compressor prototype was based on design of a conventional compressor
for HFC-134a.

Yanagisawa et al (1999, 2000) and Suzai et al (1999) reported the development of
small rotary (rolling piston) compressors with a 0.35 cm® displacement volume

operating at 30-60 Hz frequency.
The design of a scroll compressor with a displacement volume of 7.23 cm® has been

investigated by Hasegawa et al (2000) The compressor was built by the company

Denso in Japan.
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While the commercial availability of such compressor types has been reported, none

are yet freely available in NZ.

2.3.3 Expanders

Expanders achieve little work recovery at the operating pressures in a conventional
refrigerant cycle. However, the use of expanders in combination with the transcritical
carbon dioxide process has been suggested by Lorentzen (1994a) and Pettersen
(1995). The properties of carbon dioxide may make the use of expanders for work
recovery feasible and may improve the process efficiency. This could improve the poor
energy efficiency of the carbon dioxide process in the ordinary E-P cycle so that the
process can compete with conventional heat pumps and become suitable for a wider

range of applications.

Suess (2001) describes different options for possible full or part-load work recovery
and their potential for increased system performance. It was concluded that suitable

applications were not obvious and further research work was necessary.

Prototypes of work recovery devices have been presented by Heyl and Quack (1999,
2001, 2002). The expanders extract up to 80% of the expansion work. Ongoing
research investigated the integration of work recovery devices into the compressor for
the direct use of the recovered work. The possibility of discharge pressure control by

the work recovery devices is also under development.

No expanders suitable for CO, in a heat pump cycle were available at reasonable cost
in NZ.

2.3.4 Expansion valves

Refrigerant valves for carbon dioxide are not available on the market at this stage so
the use of ordinary valve types often used in the petrochemical industry is the most
common approach used. In a transcritical cycle the expansion valve may be used as a
control valve for the discharge pressure. Pettersen and Skaugen (1994) proposed an
expansion valve similar to the conventional thermostatic valve with a temperature
sensor measuring the compressor discharge temperature and actuating the valve to

maintain the discharge pressure at the optimum level.
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A prototype of an electronic refrigerant expansion and control valve for carbon dioxide,
developed by Danfoss SA (Denmark) has been mentioned by Suess (2001). Specific

information about the valve and the control strategy were not given.

Non-refrigerant back-pressure regulators have been used for active discharge pressure
control (Petterson and Skaugen, 1994). Such valves regulate the up-stream pressure

at a set level, which can be adjusted manually or with an automatic actuator.

2.3.5 Heat exchangers

The high volumetric refrigeration capacity of carbon dioxide and its favourable transport

properties leads to compact heat exchangers with highly efficient heat transfer.

2.3.6 Gas cooler (GC)

The supercritical heat rejection takes place at gliding temperatures and the gas cooler
design is based on predicted steady-state temperature gradients, refrigerant properties

and pressure drops.

A numerical model for heat transfer performance prediction in a counter-flow
refrigerant-to-water gas cooler has been described by Hwang and Radermacher
(1997b). The model was based on steady state refrigerant properties and accounts for
the varying temperature difference for the heat transfer process at gliding
temperatures. The model was in good agreement with experimental results. The
capacity was predicted within 2.6% and the difference between the predicted
temperature distribution and the experimental data was negligible. A similar model
based on partial differential equations has been described by Schoenfeld and Krauss
(1997).

Olson (1999) investigated experimentally the prediction accuracy of different carbon
dioxide heat transfer correlations. Best predictions were achieved with the
Krashnoschekov-Protopopov and the Ghajar-Asadi correlation, which predicted the
supercritical heat transfer within +8%. Pettersen et al (2000a) proposes a new
correlation for in-tube cooling of turbulent carbon dioxide based on the Gnilenski

correlation. The prediction accuracy was within +20%.

24



Chapter 2 Literature Review

Kim et al (2001) suggest that the heat transfer of supercritical carbon dioxide near the
critical point is often underestimated and proposes a new correlation based on the

Jackson-Fewster's correlation, which predicted the experimental data within £20%.

The effect of the pressure drop on the supercritical heat transfer has been investigated
by Rieberer and Halozan (1997). The pressure drop has little significance on the heat
transfer and may be treated as negligible for the heat transfer predictions. The
measured pressure drop of the supercritical carbon dioxide inside a 7.7 mm tube at
90 bar and a gas velocity of 8-12 m/s, was in the range of 0.03 - 0.12 bar per meter,

causing a negligible temperature change of 0.6 K.

The effect of the compressor oil on the heat transfer and the pressure drop during
supercritical heat rejection have been measured by Zingerli and Groll (2000). The oil
reduced the carbon dioxide heat transfer coefficient by 15% and 25% at oil
concentrations of 2% and 5% receptively. The measured pressure drop did increase
proportionally with increasing oil concentration. With 2% oil in carbon dioxide, the
pressured drop increased by 12% while 5% oil resulted in 20% increased pressure
drop. A similar study for CFC-12 by Silvares and Huerta (1999) for the sub-critical heat
transfer process showed that 5% oil concentration in CFC-12 caused less then 10%
refrigerant heat transfer losses. In conclusion, the effect of the compressor oil on the

heat transfer in a carbon dioxide system was greater than in a conventional system.

2.3.7 Evaporator

The evaporation process on the low-pressure side is similar to a conventional system
and new heat exchanger rating methods are not required. The refrigerant properties
and the process characteristics of the carbon dioxide process, such as the small effect
of pressure drops on the process performance make the use of compact micro-channel
heat exchangers feasible. The use of micro-channel heat exchangers has been most
frequently documented for car air conditioning units (Man-Hoe and Clark, 2001). Micro-
channel heat exchangers for residential space heating and air conditioning applications
were used by Richter et al (2000).

Performance predictions have been carried out by Ortiz and Groll (2000) and Beaver et
al (1999) for micro-channel evaporator for a car air conditioning units. The accuracy of
the predictions was reasonable compared to experimental data, and further

investigations into the pressure drop in order to improve the model were discussed.
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The heat transfer of boiling carbon dioxide deviates strongly from correlations for
synthetic refrigerants. Hwang et al (1997a) compared the performance of different heat
transfer correlations for boiling carbon dioxide at saturated conditions with experimental
data. A modified correlation with improved accuracy for heat transfer calculations, fully

based on experimental data, has been suggested.

Experimental studies of boiling carbon dioxide in a 6, 7 and 10 mm tube have been
carried out by Yun et al (2001), Bredesen et al (1997) and Knudsen and Jensen
(1997). The heat transfer in small tubes of 0.79 to 1.8 mm diameter has been studied
by Koyama et al (2001), Hihara and Tanaka (2000) and Pettersen et a/ (2000b). Due to
the low surface tension of liquid CO,, the heat transfer was underestimated. New
correlations for the heat transfer, as well as the pressure drop, based on experimental

data were proposed.

2.3.8 Compressor oil

Carbon dioxide compressors are operating at high pressures. At the same time the low
swept volume reduces the geometric space for bearing rings and sealing leading to
high load on the bearings. Therefore the oil must provide a thin film between piston and
compressor body to ensure sufficient lubrication between the moving parts. The oil film

between the moving parts also has a sealing function (Hesse, 1997).

Fahl (1998), Hauk et al (2001) and Heide and Fahl (2001) studied the possible
lubricants for use with CO,, such as the frequently used polyolester's (POE's) oils. The
main characteristics such as miscibility, solubility and low temperature fluidity were
discussed. The performance of POE oils were favourable for carbon dioxide
compressors, due their high thermal stability and a high miscibility (dissolution of liquid
refrigerant into the lubricant) and solubility (dissolution of gaseous refrigerant in the
lubricant) in CO, at operating pressures, resulting in reduced viscosity. Because of the
high solubility of the carbon dioxide in the oil, the mixture tends to foam with changing

operation pressures. Using chemical additives can reduce foaming problems.
Hesse (1997) and Hesse and Spauschus (1996) studied the effect of the oil on the

refrigerant transport properties. Methods for their evaluation and information about the

viscosity and density of the oil-CO, mixtures were given.
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2.3.9 OQOil recovery

Due to compressor leakage, oil will enter into the refrigerant cycle. This oil has to be
recovered to avoid shortage in the compressor and heat transfer inefficiency caused by
oil accumulating in the heat exchangers. In systems where a low- pressure receiver is
used, the oil will tend to accumulate in the receiver. The appropriate recovery method
depends on the phase behaviour of the oil-carbon dioxide mixture. Rieberer et al
(2000) recovered the oil out of the bottom of the receiver directly into the compressor
suction line. Conventional oil recovery methods with a discharge line oil separator have

rarely been described in the literature.

2.4 Summary of the literature

Heat pumps are an efficient method for water heating. However, the performance of
the conventional heat pumps for water heating is limited by their efficiencies (typically
COP’s of 2 to 3) and due to the harmful effect of the synthetic refrigerant on the

environment. Carbon dioxide has proven potential as an alternative refrigerant.

Carbon dioxide is a non-toxic and non-flammable natural gas with zero ODP. It has a
low critical temperature at 31.5°C and 73.5 bar pressure. Above the critical point the
working fluid is supercritical gas-like fluid with strong deviation from the ideal gas
behaviour. Due to the relatively high pressure at the critical temperature of carbon
dioxide, the system pressure in a carbon dioxide heat pump is higher than in a

conventional system.

Carbon dioxide heat pumps for water heating generally operate in a transcritical cycle
with discharge pressure between 80 and 130 bar and low side pressure below the
critical point. The main advantage of carbon dioxide heat pumps is the efficiency of the
heat rejection process at gliding temperatures, leading to a close match between the
refrigerant and the heat sink. The main disadvantage is efficiency losses at high heat
sink temperatures. Besides energy use and environmental advantages, the high
volumetric refrigerant capacity of CO, can lead to a compact system design which is
particularly advantageous for transport application where system weight and size is

limited.

In the transcritical heat pump process, the compressor discharge pressure is not
determined by the condensing temperatures and has to be controlled. Due to the

thermodynamic properties of carbon dioxide, there is a pressure where maximum
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system efficiency is achieved. Experimental results have shown little effect of the
discharge pressure on the COP over a wide range of operation conditions, except

when the heat sink inlet temperature exceeds 30°C.

Several simple system designs have been described for carbon dioxide but the
discharge pressure control is not always straightforward and has to be designed
considering the application. Promising options for the discharge pressure control are
control at the optimum pressure for maximum COP or control to a constant pressure

near the optimum.

The high pressure for carbon dioxide requires new technology, particular for the
compressor design. Components such as compressors, refrigerant valves and heat
exchangers are under development and their availability on the market has been

announced.

Numerous studies based on the use of carbon dioxide as refrigerant are going on and
heat pump applications, such as car air conditioning systems, space heating and heat

recovery, drying processes and water heating have been evaluated.

Several laboratory prototypes of water heaters operating with COP between 3 and 5
have been built for investigating the general characteristics of the transcritical heat
pumps. The first commercial heat pump for domestic water heating with a seasonal

COP of 3 has recently been announced.

In conclusion, carbon dioxide has proven its potential in both theoretical and
experimental investigations for a wide range of applications. Commercial applications
are constrained because of limited availability of components. Further investigations
into the cycle design, the heat pump control and the component design are necessary

to bring the technology to market.
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3 Objectives

The overall aim of the project was to develop a prototype of a small-scale hot water
supply system suitable for domestic or commercial applications, based on the
transcritical carbon dioxide heat pump cycle. A prototype CO, compressor from Dorin
SA was available to the research group at Massey. Therefore specific objectives of the

projects were to:

e Design a carbon dioxide heat pump for water heating based on the available
compressor.

e Construct and commission the system to achieve stable and reliable heat pump
operation.

e Measure the performance of the individual components over the full range of
expected operation conditions.

e Investigate methods to improve the heat pump efficiency using alternative
refrigerant cycle configurations, expansion valves and control strategies.

e Integrate the heat pump with a typical hot water storage cylinder.

e Measure the performance of the modified and integrated system.

e Develop a model of the overall hot water supply system and validate the model
against the measured data for typical operation conditions.

e Suggest system improvements and tasks for further investigations.
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4 Prototype Description

4.1 Background

A full-scale prototype of the hot water supply system (HWSS) was designed and built,
to gain experience in the system design, components design / selection and to enable
experimental performance trials. The experimental data were also used to validate the

model of the overall performance of the HWSS.

The requirement of the HWSS was to produce hot water at 60°C with high efficiency
and at low costs, while operating in typical climatic conditions likely to occur in NZ. The

hot water had to be potable and available to the user at any time of the day.

A 60°C hot water outlet temperature was chosen to be consistent with the NZ building
code and meet the current practise in terms of prevention of Bacteria grow, such as
Legionella. However, the supply hot water temperature to the user would typically be

lower than 55°C for safety reasons (e.g. via a tempering valve).

The average water consumption in domestic households is between 120 and 300 L of
hot water per day, leading to a typical domestic electric hot water system capacity
rating of 3.0 kW so that recovery time is less than 6 hours (Williamson and Clark,
2001). Therefore it was preferable that the heat pump heating capacity was at least 3

kW to match or better this recovery rate.

CO; heat pump technology is still at the research stage so the commercial availability
of the refrigeration components was limited. However a Dorin compressor prototype for
use with CO, (Pre-series model: CD4.017S) with a nominal swept volume of 1.7 m*h
and a power rating of 2.0 kW was available. The size of the compressor combined with
the characteristics of the transcritical CO, cycle led to a nominal heat pump capacity of
8 to 10 kW, which corresponds to the combined capacity of a HWSS for several family

houses or a small commercial building.
The heat pump had to be integrated into a typically HWSS used in NZ and it had to

operate automatically using air as the heat source to enable flexible installation such as

in ceiling spaces or outdoors.
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4.2 System design procedure

The objectives of the system design procedure were to:
e Design the hot water supply system (HWSS)
¢ Design the heat pump cycle and process

e Select/ design the HWSS and the heat pump components

The HWSS was designed first. The heat pump process was then designed based on
the expected HWSS operating conditions, the likely climatic operating conditions and
the manufacturer's compressor efficiency data. Knowing the design heat pump
performance, the HWSS and heat pump components were then designed and/or
selected. Detail of the heat pump process and component design calculations are

described in appendix A.2.

4.2.1 Hot water supply system (HWSS) design

The function of the HWSS was to deliver the hot water from the heat pump to the user
and to supply the heat pump with cold water. The HWSS had to be capable of
supplying the user with sufficient hot water at the specified temperature despite highly

variable demand.
HWSS's considered were:

¢ Instantaneous
The water is heated instantly from cold and directly supplied to the user. This implies

heating capacity must be equal or greater than the maximal demand.

e Storage

The hot water is stored in a HWC, which provides a buffer between the supply of and
the demand for hot water. The heating capacity is usually designed to heat the HWC
within a typical recovery time of 4 to 6 hours so the capacity requirements is typically 2
to 6 times the average heat load depending on the size of the HWC relative to the

demand.

A storage system with a HWC was considered to be the most suitable system for a
domestic hot water heat pump due to the variable hot water flowrates. The advantages

of such a system are longer heat pump operating periods (the HWC is fully recovered
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in a single period so short on/off periods do not occur) and reduced heat pump capacity
requirements leading to reduced heat pump capital cost. Disadvantages are the extra
cost of the HWC, the heat losses of the HWC, and the risk of hot water shortage at

times of peak demand.

There were two options for the hot water production using a heat pump:

e Water re-circulation (multi-pass)
The water, which is stored at relatively uniform temperature (mixed storage), circulates
between the heat pump and the HWC until the whole HWC is heated to the specified

temperature in a multi-pass arrangement.

e One pass heating

The cold water is heated from cold to the specified temperature in one pass and is
delivered to the top of the HWC. Because of its lower density, the hot water remains at
the top while the colder water stays at the HWC bottom resulting in a thermocline in the
HWC (stratified storage).

The one pass heating configuration was chosen because the transcritical CO, heat
pump process is particularly suitable for large temperature splits with low heat sink inlet
(heat pump water inlet) temperature. Other advantages of the stratified HWC were the
efficient storage of the hot water (because of the thermocline, the supplied water
remains at the specified hot water temperature until the HWC volume is nearly
exhausted) thereby given faster apparent recovery, and slightly reduced heat losses
through the HWC wall.

4.2.2 Heat pump design

The function of the heat pump was to heat the cold water at 10 to 30°C to a minimum
of 60°C. The ambient air was used as the heat source. Desirable characteristics of the

heat pump were stable and reliable operation, simple control and cost-effective design.

4.2.2.1 Thermodynamic and transport properties

The thermodynamic properties of carbon dioxide and water were evaluated using
ASHRAE refrigerant data, which were electronically available from the software

Coolpack V1.46 (Department of Mechanical Engineering, Technical University of
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Denmark). The transport properties of supercritical CO, given by ASHRAE (2001) such
as the viscosity and the thermal conductivity deviated significantly from the literature
data proposed by Vesovic et al (1990) and Fenghour and Wakeham (1998). Hence the
literature data was used to develop an equation that gives the viscosity and the thermal
conductivity in the supercritical region at constant pressure and as a function of the

temperature (full details are described in Appendix A.1).

4.2.2.2 Heat pump design and operating conditions

Table 4.1 summarises climatic conditions in various NZ locations.

Table 4.1: Typical NZ climatic data (ASHRAE, 2001)

Heating dry bulb Mean dry bulb Mean value of
temperature [°C] temperature of the extreme annual daily
(occurrence does coldest month [°C] temperature [°C]

not exceed 88 h/y) | (occurrence does exceed | Maximum / minimum
88 h in coldest month)

Auckland 1.8 11.9 296/1.7
Christchurch 2.2 8.7 33.2/-4
Taiaroa Head 1.8 9.9 25.3/[1.86
Wellington 3.1 6.8 28.771.8
Average in NZ 1.1 9.3 292 /0.3
Design conditions 0 10~ 30

* Nominal design condition

The three conditions used for the heat pump design are also given in Table 4.1. The
nominal heat pump design condition of 10°C air represents an average winter day in
NZ while the other operating conditions of 30°C and 0°C represent the extreme

summer and winter conditions respectively.

The available tap water temperature was assumed to be approximately 15°C
throughout the whole year. However, the water inlet temperature to the heat pump
might be higher when partially heated water from the HWC enters the heat pump. This
is most likely to occur for short periods at the end of the recovery period only so for the

heat pump design conditions, a 15°C gas cooler water inlet temperature was chosen.
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4.2.2.3 Heat pump cycle design

The following options for the liquid receiver and evaporator control in the transcritical

heat pump cycle were considered:

e Intermediate pressure receiver (IPR)

Refrigerant cycle with an intermediate pressure receiver, an expansion valve for active
discharge-pressure control and a thermal expansion valve for the evaporator control,
Figure 4.1, left).

e Low pressure receiver (LPR)

A refrigerant cycle with a low-pressure receiver (LPR), a valve for active discharge-
pressure control and refrigerant expansion and no evaporator control (Figure 4.1,
right).

o1 Gas cooler Gas cooler
1
| Compressor
Compressor @
IPR
@ Evaporator
l* Evaporator =
LPR

Figure 4.1: Schematic diagrams of the refrigerant cycles with intermediate-pressure

receiver (IPR) (left) and low-pressure receiver (LPR) (right).

The LPR option was chosen because of the advantage of only one expansion valve,
simple sizing of the components and the lower pressure rating of the LPR.

Disadvantages were the need for an oil recovery system and a larger receiver size.

There were two options for the location of the LPR:

e before the evaporator (Figure 4.2)

The high-pressure refrigerant is expanded directly into the LPR located above the
evaporator and circulates through the flooded evaporator driven by the force of a
thermosiphon. The evaporation pressure can be limited (optional) by starving the

evaporator (controlling the refrigerant mass flowrate through the evaporator inlet valve.
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o after the evaporator (Figure 4.1, right)
The expanded refrigerant flows directly through the flooded evaporator then enters the

LPR where the liquid / vapour mixture is separated.

Gas cooler

Compressor

Evaporator

Figure 4.2: Refrigerant cycle with low pressure receiver (LPR) and thermosiphon

The refrigerant cycle with the LPR located after the evaporator was adopted because
of the simple cycle design and the simpler oil recovery system. Disadvantages are the
potential loss in the evaporation temperature and pressure control at high ambient air

temperature.

An internal heat exchanger (IHX) was used to sub-cool the high-pressure refrigerant
before expansion. This improves the efficiency and capacity requirements of the
evaporator and keeps the system efficiency high across a wider range of discharge
pressures than when an IHX is not used. Two options for the location of the internal

heat exchanger were considered.

e |HX in the suction line to the compressor

The recovered heat is used to superheat the suction vapour only.

¢ |HX inside the LPR
The recovered heat is used both to evaporate liquid refrigerant at the bottom of the

LPR and to provide slight vapour superheat.

The IHX located inside the LPR was chosen. The main advantage was the balancing
effect of the evaporator and LPR (the liquid carried over from the evaporator must be
equal to the refrigerant evaporated in the LPR), which leads to more constant

superheat with varying IHX capacity.
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4.2.2.4 Heat pump process design

The heat pump process design was based on the nominal heat pump operating
conditions of 10°C ambient air temperature and water heating from 15°C to 60°C. At
the nominal heat pump condition the following temperature approaches in the heat

exchangers were assumed:

e 10 K temperature difference in the air-source evaporator.

e 5 K temperature approach between the GC water inlet and the GC refrigerant outlet

e 5 K temperature approach between the refrigerant at the IHX high-pressure outlet
and the refrigerant evaporating temperature in the evaporator

¢ 5 K vapour superheat at the compressor suction

A steady-state model of the transcritical CO, heat pump cycle was developed so that
the required heat exchanger size at the nominal design condition could be determined.
Details of the model are given in Appendix A.2. The compressor performance data
published by Neksa et al (1999) were assumed to apply for the available Dorin
compressor prototype (as described in 4.5.7). The heat pump process predictions
included iterative calculation of the cycle process parameters, such as the compressor
discharge temperature, the GC and IHX refrigerant outlet temperature and the
evaporation temperature. The calculations methods used are described in the

Appendix A.2 and were implemented in an Excel spreadsheet.

The key decision was the choice of the discharge pressure because it has a significant
effect on the performance of the GC due to the effect of rapidly changing refrigerant

specific heat capacity near the critical point.

It was desired to operate the heat pump at constant discharge pressure for the whole
range of likely operation conditions. The design criteria for the discharge pressure was
to guarantee water heating up to 60°C at every operating condition. To avoid
constraints in the GC heat transfer due to an internal pinch effect within the GC (near
the critical point), the minimum temperature difference between the water and

refrigerant within the GC was chosen to be at least 5 K.
Figure 4.3 shows the predicted temperature profiles in the GC at 100 bar.g discharge

pressure and when heating water from 15°C to 60°C for both the nominal design and

the extreme heat pump operating conditions. The temperature approach at the GC
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outlet was 5 K and the compressor suction superheat was 5 K. At the nominal and the
extreme winter condition the heat transfer was most constrained at the GC refrigerant
outlet. However for the summer extreme condition there is an internal pinch point about

20% of the way through the GC from the refrigerant inlet end.

The design discharge pressure was chosen to be 100 bar.g (101 bar.a) because the
pinch effect would not be significant except at very high air temperatures. Overall, this
was a conservative approach and the discharge pressure was higher than the required
pressure to avoid pinch-effect related constraints in the heat transfer for most of the

operating conditions, other than at very high air temperatures.

120

110
100\

Temperature [°C]

10 -
0 20 40 60 80 100
Tranfered heat [%)]
—;— Water —@— CO2-extreme w inter condition
—e— CO2-nominal design condition —— CO2-extreme summer condition

Figure 4.3: Temperature profile in the GC at 100 bar.g discharge pressure, 15°C to 60°C

water temperature, 5 K temperature approach at the GC outlet and 5 K compressor

suction superheat.

Table 4.2 summaries the nominal design heat pump conditions and gives the
corresponding requirements for the heat exchanger UA-values predicted by the heat
pump model. Given that these nominal UA-values do not change, the heat pump
performance was predicted for different operating conditions. Figure 4.4 to Figure 4.6
show the predicted heat pump heat capacity, the overall heat pump efficiency (COP)
and the Carnot efficiency at a hot water temperature of 60°C as a function of the gas

cooler cold-water inlet temperature and air temperature.
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Table 4.2: Nominal heat pump design criteria’s and corresponding heat exchanger

requirements

Ambient air temperature 10°C
Hot water temperature 60°C
Cold water temperature 15°C
Compressor discharge pressure 100 bar.g
Suction vapour superheat 5K
Evaporator temperature difference 10K
Evaporation temperature / pressure 0° C/33.9 barg
Evaporator UA-value 637 W/IK
Temperature approach between the refrigerant and the water at 5K
1 the GC refrigerant-side outlet \
' Nominal design GC UA value ‘ 664 W/K
| Temperature approach between the refrigerant at the high-side \
: : 5K
‘ IHX outlet and the refrigerant evaporating temperature }
' Nominal design IHX UA-value | 127 WIK B}
11 -
10 -
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2 9 -
?
&
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2 8
5
Q.
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2
g
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Heat pump cold w ater inlet temperature [°C]

—o— Tair=0°C —@— Tair=10°C —a— Tair=20°C —e— Tair=30°C 'O nominal design condition

Figure 4.4: Predicted heat pump capacity at 100 bar.g discharge pressure and at 0, 10,
20 and 30°C air temperature as a function of the cold water inlet temperature.
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Figure 4.5: Predicted heat pump COP at 100 bar.g discharge pressure and at 0, 10, 20
and 30°C air temperature as a function of the cold water inlet temperature.
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Figure 4.6: Predicted heat pump thermal efficiency based on the Carnot efficiency at 100
bar.g discharge pressure and at 0, 10, 20 and 30°C air temperature as a function of the
cold water inlet temperature.
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Due to the size of the compressor the heat pump was expected to have a heating
capacity of 8.1 kW at the nominal design operating condition. The predicted COP was
3.9 and the Carnot efficiency was 0.6. At varying GC cold water inlet temperatures and
a ambient air temperature of 10°C, the predicted heat pump energy efficiency
decreased by approximately 24% when changing the water inlet temperature from
10°C to 35°C. The efficiency losses increased to 37% at 30°C ambient air temperature

because of constrained heat transfer at the GC pinch point (Figure 4.3).

Table 4.3 summaries the predicted heat pump performance at the nominal, extreme

summer and extreme winter conditions.

Table 4.3: Predicted heat pump performance at the nominal design and other operating

conditions
Extreme winter | Nominal design Extreme
condition condition summer
condition
Ambient air temperature [°C] 0 10 30
Cold water temperature [°C] 16 /30 15730 157 30
Hot water temperature [°C] 60 60 60
Compressor discharge pressure [bar.g] 100 100 100
Evaporation pressure [par.g] 2721283 338/36.0 50.0 /59.4
Evaporation temperature [°C] -7.6/-6.2 0/2.3 15.2/122.3
Gas cooler heat transfer rate [kW] 6.5/586 8.1/6.7 9.2186.5
IHX heat transfer rate [kW] 1024 121286 2.0/25
Evaporator heat transfer rate [kW] 48/4.0 6.4/49 7.5/49
Compressor power consumption [kW] 20/2.0 21121 1.9/1.8
Compressor heat losses [kW] 0.40/0.39 0.36/0.35 0.23/0.20
Heating COP [-] 32/28 3.9/34 48/3.6
l;l:;;icr}?y]capacity [% of nominal design 79/ 69 100/ 82 114 / 80

4.2.2.5 Heat pump process control

The heat pump process could be controlled to achieve maximal efficiency or maximal
heating capacity. Desired features of the control strategy and equipment were

simplicity and cost effectiveness.
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Heat pump efficiency

The heat pump process for given operating conditions (air and water temperatures)
and heat pump component performance can be optimised by changing the refrigerant

discharge pressure. Two options were considered:

e Maximum heat pump efficiency
The discharge pressure could be continuously controlled to the optimum pressure for

maximal heat pump energy efficiency, which varies as the operating conditions change.

e Control to near maximum heat pump efficiency
The discharge pressure could be controlled to a constant pressure, which is set
reasonably close to the optimum pressure to give maximum heat pump energy

efficiency across the full range of heat pump operating conditions.

The constant discharge pressure control was adopted because the efficiency of the
process in the real system tends to be insensitive to deviations from the optimum high
pressure for water inlet temperatures below approximately 30°C (Rieberer et al, 2000).

The constant pressure control is both simple and cost-effective.

Capacity control

For the compressor used the options for the capacity control were:

e Capacity control by the discharge pressure

The capacity of a transcritical heat pump could be controlled by the discharge
pressure, however, the control is restricted because of the capacity maximum occurs
near the pressure for maximum COP and deviating too far from the pressure will

reduce the energy efficiency.

* No capacity control
If capacity of the heat pump is not controlled, then the water flowrate through the heat

pump gas cooler must be controlled to keep the outlet hot water temperature constant.

The capacity of the heat pump was not controlled. Again this was the simpler control
strategy and only required low cost components, such as a water-flow control valve.
Compressor speed control would be an effective method to achieve capacity control

without compromising system effectiveness but was not available to the research team.
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4.3 General prototype description

The prototype of the hot water supply system (HWSS) consisted of the HWC, the heat
pump, and the measurement equipment. The hot water supply and the heat pump
components were attached to a steel frame with the dimensions 1.8 x 1.0 m. The

height of prototype was 1.7 m.

Figure 4.7: Photo of the HWSS prototype
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The heat pump consisted of the gas cooler (equivalent to the condenser in a
conventional heat pump), the water control valve, the evaporator, the low-pressure

receiver with internal heat exchanger and the refrigerant expansion valve.

The heat pump and HWC were arranged in a loop system (Figure 4.8). The cold water
flowed out of the bottom of the HWC through the heat pump where it was heated to the
desired hot water temperature. The hot water was either supplied directly to the user or
flowed into the top of the HWC depending on the hot water use. The main water supply
was connected to the bottom of the HWC. A pressure-reducing valve reduced the
water pressure from the main supply. If water use was higher than the flow from the
heat pump, the make-up cold water enters the HWC at the bottom, pushing the
thermocline higher in the HWC.

Tap

5 Hot water supply to
user

Hot water —1>
<— Thermocline
Heat
gl HWC
Cold water —> T Thermostat
Tap F{ )
4—@ {%} : Main water supply
Water pump Water pressure reducing valve

Figure 4.8: Schematic diagram of the hot water supply system

The heat pump ran when the water temperature at the thermostat, (which was installed
towards the bottom of the HWC) indicated that the hot water temperature was lower
than the set point, and stopped when the HWC was fully recovered (i.e. water at the

thermostat was greater than the set point).

Figure 4.9 shows a schematic of the heat pump operating at the design conditions
assuming no heat losses. The carbon dioxide leaves the compressor supercritical at
100 bar.g pressure and approximately 94°C. The refrigerant cools down to 20°C in the
gas cooler while the water heats up from 15°C to 60°C. The high-pressure refrigerant

sub-cools in the IHX to 5°C and then expands to saturated conditions at 33.9 bar.g and

43



Chapter 4 Prototype Description

0°C as it passes through the BPR valve. Most of the liquid refrigerant evaporates in the
evaporator; however, some liquid carries over into the LPR where vapour and liquid
separate. The remaining liquid refrigerant evaporates and superheats to 5 K by the

internal heat exchanger in the LPR and returns to the compressor suction at 5°C.

Water control valve

Compressor

1 ( E; 2
1

Evaporator I—>
Gas cooler (GC)
HWSS
—>
—>
Low pressure
—D receiver (LPR)
—> VW
3 4 "
i T
Lo
Back-Pressure regulator (BPR)
1" vapour at 0 °C/33.9 bar.g 1: vapourat5 °C/33.9 barg
2: gas at 94 °C /100 bar.g 3': gas at20 °C /100 bar.g
3: gasat5°C/100 barg 4: vapour/liquid at 0°C / 33.9 bar.g

Figure 4.9: Schematic diagram of the heat pump and refrigerant temperatures at the

nominal design operating condition.

4.4 HWSS component designs and descriptions

4.41 Stratified hot water storage cylinder (HWC)

The function of the HWC was to:
e store the hot water until the water was consumed by the user

e provide a buffer between the production and the supply

Table 4.4 summarises the data for the HWC used. The HWC thermostat was located at
a height of 0.34 m of the HWC bottom.
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Table 4.4: Hot water storage cylinder specifications

Model Stainly water heater
Year manufactured 1970

Grade Type D (Pre 1976)
Dimensions $0.45x1.5m
Dimensions of inner shell $0.35x1.43m
Volumetric capacity 137 |
Maximal head pressure 7.6m

4.4.2 Main water supply pressure reducer

A pressure reducer (Model: Nefa NFV3715) was used to maintain the pressure in the
HWC at 3.7 m of head.

4.4.3 Water flow control valve

The function of the water flow control valve was to control the hot water to the specified

outlet temperature by adjusting the water mass flowrate through the gas cooler.

A thermostatic type valve was used (Table 4.5). The device consisted of a valve body
and a temperature sensor, which was connected via capillary tube to the valve body.
The sensor was installed inside the water tube, directly at the gas cooler outlet to
achieve a short time constant (C5, Figure 4.14). The valve body was by-passed by
approximately 0.2 I/min so that there was a small water flow to maintain a

representative signal when the valve was fully closed.

Table 4.5: Water flow-control valve specifications

Model Danfoss / AVTA-15
Range of mass flowrate Unknown
Control temperature range 25-65°C
Control accuracy Unknown
Maximal operating pressure 10 bar
Maximal pressure drop 7 bar
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4.4.3.1 Water pump

The water pump supplies the heat pump with cold water from the bottom of the HWC.
The centrifugal pump summarised in Table 4.6 was used. It had a nominal power use
of 110 W (stage 3) and was installed between the HWC cold water inlet and the heat
pump gas cooler. The pump was cooled and lubricated by the water-flow, so the pump
bearing had to be vented at start-up and there had to be a minimal flow passing
through the pump, which was provided by the water flow control valve by-pass. The
pump was operated only when the GC was provided with water from the mains supply
(C4, Figure 4.14).and/or when the HWC shut off valve was opened (WSS4, Figure
4.14).

Table 4.6: Water pump specifications

Model Nowax MR 63

Supply voltage [V ~ Hz] 230+~ 50

No. of operation stages [-] 3

Power rating [W] 60/83/110

Maximum head pressure [bar] 0.48/0.6/0.64

Maximum volumetric flow rate [m”/h] 23132143

Volumetric flow rate at 3 meter head pressure [m?/h] 0.5/1.4/256
Wr;mial_;darédfflow rate [m’/h] - _4>OA -
4.4.4 Tubing

Standard plumbing 2" (12.2 mm) copper pipes and 2" (12.2 mm) rubber hoses were

used for the water supply system.

4.5 Heat pump component designs and descriptions

4.5.1 Pressure rating and safety factors

The maximum heat pump operating pressures were set by the compressor
specifications at a maximum of 150 bar.a on the discharge side and 100 bar.a on the
suction side. The refrigerant system was protected by relief valves (Table 4.20), which
were set to these maximum operation pressures. The refrigerant system design

pressures were 160 bar.a on the discharge side and 110 bar.a on the suction side,
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which corresponds to pressures about 10% higher than the relief pressure (Sinnott,
1999).

The design safety factor for all custom-made components was 2 to 3. However, the
strength of the components also depended on the quality of the weld joints so the
custom made components were pressurised to 1.5 times the design pressure to test

their construction before commissioning (Sinnott, 1999).

4.5.2 Gas cooler (GC)

The function of the gas cooler was to transfer the heat from the supercritical refrigerant
to the water, so the water had to flow counter-flow to the refrigerant to achieve close
temperature matching. Oil flow through the GC had to be guaranteed to avoid
excessive oil fouling. As a rule of thumb 5 to 7 m/s gas velocity is required for sufficient
oil carry through a vertical tube. In this case the oil return was assumed to be less
critical than in a conventional system due to the high solubility of the oil in the
supercritical CO,. The pressure drop of the refrigerant in the gas cooler had to be
reasonably small to avoid GC efficiency losses; however, modelling showed that the
overall efficiency of the transcritical CO, heat pump was not sensitive to the pressure
drop. It was also desirable to avoid the potential contamination of the hot water with

refrigerant or oil in case of a leak in the heat pump GC.

Table 4.7 summarises the gas cooler design specifications:

Table 4.7: GC specifications

Design heat load 8.1 kW
Refrigerant pressure 100 bar.g
Mass flowrate of CO, 116 kg/h
Temperature carbon dioxide inlet 94°C
Temperature carbon dioxide outlet 20°C
Nominal UA value 664 W/K
Minimal design gas velocity 5m/s
Maximal design pressure drop 1 bar
Mass flow rate of water 155 kg/h
Temperature water inlet 15°C
Temperature water outlet 60°C
Temperature approach at the GC end 5K
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The gas coolers selected were the Spiralex vented tube heat exchangers
manufactured by Vaportec Ltd (Napier, NZ). These heat exchangers incorporate 3
tubes arranged in a conventional double pipe heat exchanger but with the inner tubes
twisted together. If there was a leakage in the refrigerant tube the gas and oil could
escape through the gap between the two inner tubes to the ambient atmosphere

without endangering the water quality (Figure 4.10).

The advantages of the twisted tubes was the increased turbulence of the flow inside
the tubes, the extended heat transfer surface and closer contact and hence reduced
losses between the vented tubes compared with standard double pipe design (the
straight tubes were assembled and twisted until the two inner pipes made contact at
multiple points). The disadvantages were that the twisting process had dimensional

constraints, particularly minimum tube diameter, wall thickness and length.

Due to cost considerations, the gas coolers were constructed in one piece with an
overall length of 5 meters and formed into a coil with a diameter of 0.7 meter. Full heat
transfer performance data for these heat exchangers were not available so a full design
could not be performed, but it was expected that the nominal design capacity could not
be achieved with 5 meters so two heat exchangers were built. To get more experience

with the gas cooler design, the units had different designs:

e Gas cooler 1 (GC 1)

The refrigerant flowed in the spiral-shape annulus between the outer and inner tubes
and the water flowed in the inner tube (Figure 4.10, left). Twisted copper tubes were
used for the inner tube and the inside tube of annulus. The outside tube of the heat

exchanger was not twisted.

e Gas cooler 2.1 (GC 2.1)
The refrigerant flowed in a straight inner (aluminium) tube and water in the annulus
(Figure 4.10, right). The inside tube of the annulus was a twisted copper tube; the

outside tube was not twisted.
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Tube 3 Tube 3
Tube 2 Tube 2
Tube 1 X Tube 1 3
Water Water
Small air gap Swwall air ge

GC 1 ) GG2
Tube 1: @ 1/2" x 0.9 mm, copper, twisted Tube 1: @ %" x 2.1 mm, aluminium, straight
Tube 2: @ 3/4" 0.9 mm, copper, twisted Tube 2: @ 5/8" 1.25 mm, copper, twisted
Tube 3: @ 1" x 2 mm, steel, straight Tube 3: @ 1 1/8 “ x 1 mm, copper, straight

Figure 4.10: Design of the gas cooler units 1 and 2.1

e Gas cooler 2.2 (GC 2.2)
GC 2.1 was modified by reducing the cross-sectional for flow of the inner tube, by
inserting a 9.0 mm diameter flexible steel cable into the tube. The modified unit was

designated as gas cooler 2.2.

To obtain the highest possible heat transfer capacity, the units were connected in

series in two ways for some trials:

e Gas cooler 3.1 (GC 3.1)

Gas cooler 1 upstream of the gas cooler 2.2 on the refrigerant side.

e Gas cooler 3.2 (GC 3.2)

Gas cooler 2.2 upstream of gas cooler 1 on the refrigerant side.

GC 1 had the advantage of the reduced refrigerant side cross-sectional area. A
disadvantage was the higher heat losses through the outside of the gas cooler because
the main disadvantage of the gas cooler 2.1 was the low refrigerant velocity and the
reduced turbulence in the straight inner tube. GC 2.2 improved this problem at the cost
of the additional insert. The likely advantage of GC 3.2 over GC 3.1 was the reduced

heat losses due to the refrigerant being in the outer tube when it was cooler.

49



Chapter 4 Prototype Description

Pressure rated tubes were used for the gas cooler construction. However, pressure
rating data for the tubes after the twisting process were not available. It was assumed
that the geometry of the twisted double pipe construction increased the actual strength

due to the contact points created between the tubes.

Pressure rating data for external pressure such as the inner pipe of the annulus of
GC 1 (Figure 4.10, left; Tube 2) were not available. The required wall thickness of the
twisted tube was predicted for a single straight tubes using equations purposed by
(Sinnott, 1999). The calculations were performed for a pressure safety factor of 3 and a
thermal safety pressure factor of 1.5 (Swagelok tubing data) resulting in @ minimum
wall thickness of the copper tube of 1.4 mm. Due to the limited range of available tubes
and manufacturing constraints (in the twisting process) a tube with 0.9 mm wall
thickness was used, which corresponds to a pressure safety factor of 0.8 for a straight
tube. However, the pressure rating calculation was grossly simplified, so it was
assumed that the twisted double pipe construction increased the resistance of the tube
to external pressure and any failure of the second tube would contained by the outer

tube so this lower than desired safety factor was tolerated.

The gas cooler performance was predicted using steady-state temperatures and
refrigerant properties (as described in the Appendix A.2.2) by applying a heat balance
between the water and the refrigerant flow (Hwang and Radermacher, 1997b). The
carbon dioxide heat transfer coefficient was predicted by using a modified version of
the Jackson-Fewster correlation (Kim et al, 2001), which takes the wall and bulk
temperature into account to consider the rapid properties changes near the critical
point. For the water-side heat transfer the McAdams correlation (ASHRAE, 2001) was
used. For the twisted tube a heat transfer coefficient enhancement factor of 1.4 was
applied (Chen et al, 1996a and 1996b). According to the manufacturer of the twisted
tube a reduction (for other water heating applications) of approximately 30% had to be
expected due to the vented tube configuration so the overall heat transfer coefficient
was corrected by a heat transfer correction factor of 0.7. To simplify the overall heat

transfer predictions the fin effects of the twisted tubes were neglected.
For the pressure drop prediction, the Darcy-Weissbach correlation with the friction

factor for smooth tubes (ASHRAE, 2001) was used as a correlation for the twisted tube

geometry was not available.
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Table 4.8 and Table 4.9 summarise the gas cooler dimensions and the expected

performance at the design conditions.

Table 4.8: Dimensions and predicted performance of the gas coolers 1, 2.1 and 2.2 at the

nominal design conditions.

GC units Gas cooler 1 Gas cooler 2.1 | Gas cooler 2.2
Overall predicted length required for

total design heat load (8.1 kW) [m] L 208 104
Actual overall gas cooler length [m] 50 5.0 5.0
Heat transfer rate [kW] 4.6 4.1 4.9
{-::2? transfer surface area CO, side 0.478 0233 0.233
E—rf;aze]\t transfer surface area water side 0.171 0558 0.558
Heat t.ransfer s.urface area ratio (water 0.36 2139 239
to refrigerant side) [-]

Average water side heat transfer

coefficient [W/m?K] TR eas i
Average refrigerant side heat transfer

coefficient [W/m?K] bazs 1736 3243
Heat transfer coefﬂciept ratio 354 206 383
(refrigerant to water side) [-]

UA [WI/K] 181 148 197
LMTD [K] 25.7 28.0 24.8
U mean [W/m’K] 379 374 500
Temperature approach at the GC end

(CO, to water) [K] 30.7 33.0 29.6
GC effectiveness [-] 0.61 0.58 0.62
Nominal refrigerant mass flux [kg/mzs] 233 187 295
Nominal water mass flux [kg/m’s] 266 116 136
Average velocity CO, [m/s] 0.7 0.6 0.9
Pressure drop CO; [bar] 0.26 0.03 0.22
Velocity water [m/s] 0.3 0.6 1.0

LMTD: Logarithmic temperature difference between the refrigerant and the water side
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Table 4.9: Dimensions and predicted performance of the gas coolers 3.1 and 3.2 at design

conditions

GC units

Gas cooler 3.1

Gas cooler 3.2

Configuration

GC1 upstream of GC2.2

GC 2.2 upstream of GC1

Overall length [m] 10.0 (5.0/5.0) 100 (5.0 [ 50)
Heat transfer rate [kW] 74(4.3/3.1) 8.1(3.2/4.9)
Heat transfer surface CO, side [m’] 0.592
Heat transfer surface water side [m’] 0.591
Heat transfer surface area ratio (water 100

to refrigerant side) [-]

UA [W/K]

466 (258 / 209)

655 (196 / 459)

LMTD [K]

15.8 (16.5/14.9)

12.4 (16.7 /10.5)

U mean[W/m°K]

638 (718 / 527)

900 (496 / 960)

Average water side heat transfer

coefficient [W/m?K] 2272 2945
Average refrigerant side heat transfer

coefficient [W/m?K] 6102 8469
Heat transfer coefficient ratio 268 587

(refrigerant to water side) [-]

Temperature approach (CO, to water)
(Kl

13.3 (13.5/13.3)

5.3(10.9/5.2)

GC effectiveness [-]

0.83 (0.78 / 0.59)

0.93 (0.79/0.86)

Average velocity CO; [m/s] 0.6 (0.7/0.4) 0.7 (1:0./.0.8)
Pressure drop CO, [bar] 0.4 (0.3/0.1) 0.4(0.3/0.1)
Velocity water [m/s] 0.3(0.4/0.2) 0.3(0.2/0.5)

Based on predictions of the heat transfer coefficients from first principles, only GC 3.2
was predicted to provide the desired heat transfer performance at the nominal design
condition. Constraints on the gas cooler construction meant that alternative designs

were not considered.

For effective heat transfer the ratio of the water and refrigerant heat transfer surface
areas should be inversely proportional to the ratio of the water and refrigerant heat
transfer coefficients. In this way the overall heat transfer would be neither water-side
nor refrigerant-side constrained. This situation was achieved for GC 2.1 and GC 2.2.
However GC 1 was constrained by the water side heat transfer surface which was
about 10 times too small. Similarly for GC 3.1 and GC 3.2 the heat transfer was

expected to be slightly constrained on the water side due to the use of GC 1.
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4.5.3 Evaporator

Conventional air-cooling evaporators (fin and tube heat exchangers) could not be used
because of the high pressure rating. Custom-made air-cooled evaporator unit were
investigated but were eliminated because of the high manufacturing costs in NZ. A
micro-channel evaporator unit was also investigated but standardised units were not
commercially available on the market. Therefore the evaporator built was a water-

source unit to mimic an air-source unit operating at varying ambient temperatures.

The objective was to operate the compressor suction pressure at the full range of
conditions it would experience with an air-source evaporator. However, the range of the
refrigerant evaporating conditions the water-source evaporator could mimic was
therefore limited by the freezing point of the water. The evaporator was designed to
operate flooded so there were no special requirements for the minimal vapour velocity

for oil recovery.

Table 4.10: Evaporator specifications

Nominal design heat load 6.4 kW )
Nominal design evaporation pressure 33.9 bar.g
Nominal design evaporation temperature 0°C

Range of evaporation temperatures >0°C

Nominal design evaporator water inlet temperature 20°C

Nominal design evaporator water outlet temperature =5°C

Nominal design CO, mass flowrate 116 kg/h
Nominal design water mass flow rate 6.1 I/min
Nominal design LMTD 10.8 K

Outer tube (diameter x wall thickness) 1" (24.4 mm) x 2 mm
Inner tube (diameter x wall thickness) ¥ (19.1 mm) x 0.9 mm
Overall length 3m
Approximate mean heat transfer surface area of the 0.23m2"
twisted tube

E(;/r?gi(t)i:)antgr UA requirements at nominal operating 637 W/K

Table 4.10 summarises the water source evaporator design specification. The
evaporator was designed by Vaportec (NZ) based on this specification, hence no
predictions of heat transfer performance based on first principles were made. The

evaporator was constructed as a twisted tube pipe unit (similar to the gas cooler
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design) with an overall length of 3 meters. The tube was formed into a coil with a
diameter of 0.7 meters. The water flowed in the inner twisted tube (made of a 4 m
straight %' copper tube that was twisted to 3 m in length) and the refrigerant in the
spiral-shape annulus of the heat exchanger in a co-current configuration. The outer

pipe of the annulus was straight and made of steel.

To give different refrigerant temperatures/pressures the evaporator water inlet

temperature and/or the water flowrate were reduced/increased.

4.5.4 Internal heat exchanger (IHX)

The purpose of the internal heat exchanger was to:
e recover heat from the high-pressure refrigerant before the expansion
e evaporate liquid refrigerant out of the bottom of the LPR

e superheat the suction vapour

The internal heat exchanger was made of a coiled copper tube, which was located
inside at the bottom of the LPR (Figure 4.11). The size of the IHX was constrained to
3.5 m cooper tube by the tube diameter and the available space in the LPR. The range
of suitable cooper tubes with sufficient pressure rating (150 bar.a) in NZ was limited so
the IHX was made of a 3/16” (4.8 mm) copper tube. Therefore prediction of heat

transfer performance was not performed.

The pressure drop of the refrigerant in the coil of the IHX was predicted (as described
in Appendix A.2.4) for a straight tube using the Darcy-Weissbach correlation with the
friction factor for smooth tubes (ASHARE, 2001). The predicted pressure drop varied
between 1.4 and 12.1 bar (2.7 bar at design conditions) depending on the mass
flowrate and the operating condition. The largest pressure drop of 12.1 bar in the IHX
at extreme summer conditions was unavoidable to construction constraints on the
diameter of the tube used. Overall it would not have a significant impact on the overall

heat pump efficiency.

Table 4.11 summarises the IHX design:
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Table 4.11: IHX specifications

Nominal design heat load 1.2 kW
Temperature sub cooling 15K

High pressure refrigerant in / outlet temperature 204 5°C

Low pressure refrigerant temperature (evaporation temperature) 0°C

UA requirements at nominal heat pump operating condition 127 W/K

Pipe dimensions (diameter x wall thickness) 3/16" (4.76 mm) x 0.9 mm
Coil dimensions (mean diameter x height) 60 x 100 mm
Overall length of coll 3.5m

Mean heat transfer surface area o 0.04 m’
Predicted pressure drop (low/high flow) 1.4/12.1 bar

4.5.5 Low pressure receiver (LPR)

The low pressure receiver had several functions:

It provided volume for the separation of the refrigerant vapour/liquid mixture entering

from the evaporator.

It provided surge volume for liquid refrigerant at the heat pump start-up and at

changing operating conditions.

It provides a reservoir for additional refrigerant, which prevent the system from

starving in case of leakage (ballast volume).

It provided volume for refrigerant expansion at changing operating conditions and

volume to prevent liquid carry over caused by oil foaming.

It incorporates the IHX.

For the LPR design the full range of the expected operating conditions were considered

which gave volumetric flow rates between 1.1 and 1.5 m*h.

For the separation process the single droplet model was adopted (Wiencke, 2001). It

proposes that the liquid refrigerant has the shape of a droplet with uniform diameter.

The droplet in the vapour flow will stay in suspension when the vapour velocity is equal

to the terminal velocity, which is given by the Navier-Stokes equation and it will

separate out when the vapour velocity is smaller. Other unknown parameters of the

gravity separation were taken into account using an artificial droplet diameter (e.g.

interaction of the droplets and/or turbulent flow).
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Applying a droplet size of 0.1 mm gave a terminal velocity of 0.09 to 0.19 m/s
depending on the flowrate and conditions, and led to a minimum LPR diameter
requirement for the separation section of 75.5 mm (as described in Appendix A.2.5).
The LPR was designed with an inner diameter of 85 mm, resulting in vapour velocity

safety factor at operating conditions of 1.3 to 3.4.

The separation length (Figure 4.11) was 170 mm, which corresponds to 1.5 times the
LPR diameter between the refrigerant inlet and outlet pipe, and 0.5 times the diameter
between the inlet and the liquid surface (Sinnott, 1999).

The LPR was designed to contain 100 g of liquid refrigerant (ballast volume) at the
nominal design condition; however, additional volume for 100 g compressor oil was
added. Surge volume of 200 g liquid CO; was added for start-up conditions (30% of the
evaporator volume (Wiencke, 2001) and for mass fluctuations in the refrigerant system.
For the swell and foam volume, 10% of the total LPR liquid volume was recommended
(Wiencke, 2001). Furthermore, additional space for the volume of the IHX coil was
added. Therefore the total volume of the LPR was 1.7 | which corresponded to an

active height of 300 mm.

LPR inlet LPR outlet

©o
{1t

/ Separation volume
1

3/2xD L—1

i

D/2

«4— Swell and foam volume

IHX Qil buffer volume
Surge volume
Ballast volume
| IHX (high-pressure side) outlet
IHX (high-
(high-pressure B 86 i

side) intlet

Figure 4.11: LPR design
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For the LPR design, the constructional recommendations proposed by Wiencke (2001)
were adopted. The LPR was made off a pressure rated hydraulic tube. The refrigerant
entered the LPR through the top of the vessel, while the IHX was connected at the

bottom (not shown in Figure 4.12). Table 4.12 summarises the LPR specifications:

Table 4.12: LPR specification

Overall length 320 mm
Active length 300 mm
Outer diameter 115 mm N
Inner diameter 85 mm
Inner volume 1708 cm’
T/apour velocity o - 0.06 to 0.07 m/s
Vapour velocity safety factor 1.3t03.4
Total separation length 170 mm
Mass liquid CO; at the nominal design conditions 100 g
Pressure rating (tube) 206 bar.a (3000 psi.a)

4.5.6 Expansion valve / back-pressure regulator (BPR)

The expansion valve had two functions:

e Throttling the refrigerant from the high pressure to the low pressure side in a single

stage expansion.

e Controlling the discharge pressure in the gas cooler.

The design discharge pressure was 100 bar.g, however it was desired to operate the

heat pump between 80 bar.g and approximately 130 bar.g.

Conventional refrigerant expansion valves were not suitable because of the high
pressures so a back-pressure regulator valve manufactured by Tescom (US) was used
(Table 4.13). The valve controlled the up-stream pressure, which was manually
adjustable.
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Table 4.13: Expansion valve specifications

Model

Tescom back pressure regulator 26-1700

Control pressure range

1-172.4 bar.g (15-2500 psig)

Flow capacity factor (cv)

0.10

Control accuracy

+-1%

Actuator

Spring-loaded screw

4.5.7 Compressor

The function of the compressor was to compress the gaseous refrigerant at the suction

side to higher pressure and temperature at the discharge side.

A semi-hermetic single stage compressor (CD 4.017 S/L) of the Dorin pre-series was
used (Table 4.14). The compressor was designed for a supercritical or near
transcritical vapour compression cycle. The compressor was driven by a 4-pole electric

motor with 2 kW nominal power rating.

Table 4.14: Compressor specifications

Model CD 4.017 S/L
Refrigerant CO,
Nominal swept volume at 50 Hz/230 V 1.7 m’h
Number of pistons 2
Compression-stage Single stage
Bore size 34 mm
Stroke length 11 mm
Discharge pressure 100-150 bar.a
Maximum suction pressure 100 bar.a
Oil pressure 0-100 bar.a
Overall dimensions (length x wide x height) 503 x 290 x 342 mm
Compressor body surface area ~1.5m’

The compressor volumetric and isotropic efficiency were available for the next larger
model with a swept volume of 2.7 m’/h (compressor model: CD 4.027 S) (Neksa et al,
1999). Figure 4.12 shows these efficiencies plus the indicated isentropic efficiency at a
discharge pressure of 95 bar.a and 80 bar.a respectively. The suction superheat was

constant at 10 K and the compressor body cooled with a fan.

58



Chapter 4 Prototype Description
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Figure 4.12: Volumetric, isentropic and indicated isentropic efficiency for a single-stage
pre-series Dorin CO, compressor as a function of the pressure ratio at 95 bar.a

discharge pressure and constant superheat of 10 K (Neksa et al, 1999).

Based on this data, the compressor performance at the nominal design and extreme
heat pump operating conditions was predicted assuming heat losses other than from of
the compressor body were insignificant (Table 4.15). The method used for the

performance calculations are described in Appendix A.2.1.

At 100 bar.g discharge pressure the compressor power has a maximum at about 36
bar.g suction pressure (as described in Appendix A.2.1.1). Hence the compressor
power at the extreme operating conditions was lower than at the nominal design
conditions (Table 4.15).

The motor of the compressor was oil-cooled. This was advantageous because low
vapour superheat improves the compressor efficiency (Neksa et al, 1999). The
compressor oil was cooled in the external air-cooled coil with a surface area of
approximately 0.75 m?. The minimum oil return temperature was 30°C; a maximum

return temperature was not given by the manufacturer.
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Table 4.15: Expected compressor performance data at the various design operating conditions

Operating condition Extreme Design Extreme
winter condition summer
condition condition
Pressure ratio [-] 3.6 2.9 2.0
Compressor suction pressure [bar.g] 2.2 33.8 50.0
Compressor discharge pressure [bar.g] 100.0
Compressor motor power consumption [kKW] 2.0 2.1 "y
Compressor heat losses [W] 400 360 230
Volumetric efficiency [-] 0.67 0.75 0.88
Isentropic efficiency [-] 0.66 0.70 0.78
Indicated isentropic efficiency [-] 0.82 0.85 0.88
Suction temperature [°C] 2.6 5.0 23.3
Discharge temperature [°C] 106 94 72
Volumetric flow rate at suction density [m*/h] 1.1 1.3 1.5
CO; flow rate [kg/h] 82 116 240
Oil leakage rate [w/w-%] unknown

Compressor oil discharge rate data were not available. The oil level in the crankcase
was controlled visually at the oil sight glass. Due to the high solubility of carbon dioxide
in the oil, the compressor was supplied with a crankcase heater, which boiled the

carbon dioxide off in the oil sump.

To reduce the compressor load at the start-up, the compressor suction and discharge

were connected with a by-pass, which was controlled by a manual needle valve.

4.5.8 Compressor oil and oil recovery

The functions of the oil in the compressor were:
e |ubrication and cooling of moving compressor parts

e sealing of the pistons and cooling of the compressor motor

The function of the oil recovery system was to return the oil, which was carried over in

the refrigerant system and accumulated in the LPR back into the compressor.
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The compressor was supplied with Polyolester oil (POE) with a viscosity class of
100 cST. General properties data are shown in Table 4.16, however, specific data of

the oil at heat pump operation conditions were not available.

Table 4.16: Compressor oil data

Type Emkakare RL 100S
Viscosity at 40 / 100°C 98.8/12.5 kg/ms
Density at 20°C 974 kg/m’

For the oil recovery the miscibility and solubility behaviour of the oil in carbon dioxide
was important. Some data were available for POE oils of the viscosity class 68, 108
and 220 cST (Fahl, 1998; Hauk et al, 2001). Figure 4.13 shows the miscibility
behaviour of a POE 108cST.

40

Critical temperature of CO,

Oil and liquid CO, separates, CO, floats on top
of the oil.

Temperature [°C]

-10

-20 - - - — — e v v |
0 10 20 30 40 50 60 70 80 90 100
w/w % oil in CO, [%]

|
i
o S il

Figure 4.13: Compressor oil and refrigerant miscibility behaviour between -15°C and
31°C.

From the data it was expected that the oil used would remain miscible (oil does not

separate) at:
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e every concentration when the temperatures is below approximately 3°C

e concentrations higher than 50% w/w oil in CO,

In conclusion, it was assumed that the oil would not separate at all operating condition
and 0il-CO, concentrations. To guarantee sufficient oil return to the compressor, the oil-
CO, mixture or oil only was recovered from the bottom of the LPR through a manual
needle valve (as specified in Table 4.18) to the compressor suction. To boil any liquid
refrigerant off, the mixture was drained (by gravity) through a 2 m long recovery line,

made of a /4" (6.35 mm) copper tube.

4.5.9 Pipe work

Tubes and fittings

The tubes and fittings connect the components of the heat pump. Key design features
were low pressure drop but a sufficient velocity (5 to 15 m/s for the tubes where the oil
had to be carried over) to overcome the oil dragging force and ensure oil did not
accumulate. The gas velocity was not considered critical due to the high solubility of
the oil in the supercritical CO,. Stainless steel tubes and fittings were selected to avoid

corrosion.

Table 4.17 summarises the tube dimensions, and the expected gas velocity and
pressure drop at the design discharge pressure for the range of operating conditions
and the corresponding mass flowrates. The pressure drop of the gaseous refrigerant in
the line between the evaporator and the LPR (assuming no liquid) was predicted using
the Darcy-Weissbach equation (ASHRAE, 2001) and friction factors for smooth tubes.

Table 4.17: Tube specifications design conditions

Location of tube Inner tube diameter | Tube length | Gas velocity | Pressure drop
[mm] [m] [m/s] [bar]
Compressor to GC 10.6 1.5 14-3.2 0.01-0.02
Gas cooler to IHX 4.6 1.0 16-54 0.05-0.34
IHX to BPR 4.6 1.0 14-49 0.03-0.24
Evaporator to LPR 10.6 1.0 34-41 0.01-0.02
LPR to Compressor 10.6 2.0 34-46 0.01-0.04
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Swagelok tubes and fittings were used. The fittings were sealed with thread sealer
(Loctite 542), however the thread sealer was later replaced wherever possible by

Teflon sealing tape due to leakage problems (as described in section 7.1).

Valves

The valves as specified in Table 4.18 were used to connect measurement devices and
to allow the connection of the refrigerant charging equipment such as a CO, pressure
bottle and a vacuum pump (The full piping and instrumentation diagram is shown in
Figure 4.14). Further needle valves were used to control the oil recovery, the
refrigerant charging and the compressor by-pass line. A 3-way valve was installed to
allow the internal heat exchanger to be bypassed if required and a non-return valve

(check valve) was used for the CO, pressure bottle.

Table 4.18: Refrigerant valve specifications

Ball-valves

Model Swagelok-SS-4254
Operating pressure (max.) 172 bar.a
Operating temperature 10 to 65°C
Orifice size 3.2 mmw

Needle valves

Model Swagelok-SS-1RS4
Operating pressure (max.) 266 bar.a
Operating temperature -53 to 148°C
Orifice size 4.4 mm
3-way valve

Model Swagelok-SS-43XF4
Operating pressure (max.) 172 bar.a
Operating temperature 10 to 65°C
Orifice size 4.8 mm
Check valve

Model Swagelok-SS-4C410

Operating pressure (max)

3000 psi.a/ 207 bar.a

Maximum back pressure

1000 psi.a /69 bar.a

Temperature range

-23 to 191°C
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4.5.10 Refrigerant charge

The refrigerant charge was predicted to provide a guideline for the refrigerant charging

procedure.

The charge of all individual components at design conditions was summed for the
various gas cooler arrangements. The evaporator was assumed to contain 1/3 liquid
and 2/3 gaseous refrigerant by volume. The inner volume of the compressor was
unknown and was neglected in the calculations. Table 4.19 summarises the expected
refrigerant in the high- and low-pressure side of the refrigerant cycle at design

conditions.

Table 4.19: Volume and refrigerant charge of the low- and high-pressure side of the system at

design conditions.

GC configuration GC1 GC2.1 GC2.2 GC3.1 GC3.2
Volume high pressure side [cm’] 938 1102 784 1477 1477
CO; mass high pressure side [kg]4,£'34 937 0.29 0.67 0.81 |
Volume low pressure side [cm's] 2307

CO; mass low pressure side [kg] 0.485

Total volume [cm’] 3245 3409 3 3091 3784 3784
Total mass of refrigeration [kg] 0.82 0.86 0.77 1.15 1.29

The refrigerant was charged with liquid carbon dioxide out of a standard CO, pressure
bottle. The pressure bottle was directly connected to the system without using a
pressure reducer. A manual needle valve (as specified in Table 4.18) was used to
control the mass flowrate; additionally a non-return valve (as specified in Table 4.18)

protected the gas bottle from compressor oil and high pressures.

4.5.11 Safety devices

The following safety devices were used to both protect the refrigeration equipment and

for personal safety.

Refrigerant relief valves

Spring-loaded pressure relief valves protected the refrigeration system from pressure

above the maximum operating pressure. The valves were installed in the high and low-
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pressure sides of the refrigerant cycle (Table 4.20). The relief valve in high-pressure
side releases refrigerant at pressures above 150 bar.a to the low-pressure side. The
valve in the low-pressure side was set to 100 bar.a pressure and releases the
refrigerant to the atmosphere. The relief valves were calibrated and certified by the

supplier.

Table 4.20: Relief valve specifications

Model Swagelok SS-4R3
Release pressure discharge side 150 bar.a
Release pressure suction side 100 bar.a
Actuator type - Spring loaded

Compressor discharge non-return valve

A non return valve protected the compressor from liquid refrigerant in the discharge

line. Table 4.21 describes the check valve used, which acted as a non-return valve.

Table 4.21: Compressor discharge non-return valve specifications

Model Lift-check valve Swagelok-SS-53S4
Maximal operation pressure 413 bar.a

Operating temperature -53 to 482°C

Orifice size a 4 mm

Compressor temperature switch

A temperature-switch protected the compressor motor from overheating by cutting the
main compressor power supply. The compressor had to be manually reset after such a

trip.

Fusible plugs

Fusible plugs (Swagelok SS-400-1-4) were used to prevent unintentional release of
refrigerant by accidental opening of the ball valves when the valves where not

connected to pressure measurement equipment or the refrigerant charging line.
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4.5.12 Control of the HWSS

The system was controlled to obtain reproducible operating conditions. The water mass
flowrate which was drawn off the HWC was controlled by a tap (C1, Figure 4.14). The

heat pump operating conditions were set by four control parameters, as follows:

e Refrigerant evaporation temperature and pressure

The evaporating conditions were controlled based on the measured CO, evaporating
temperature rather than by the suction pressure (P2, Figure 4.14) because of
uncertainties with the pressure readings (as described in section 4.5.13.2). The
evaporating temperature was adjusted by controlling the evaporator water inlet
temperature and/or the water mass flowrate using a valve system at the evaporator
inlet (C2, Figure 4.14).

e Discharge pressure

The discharge pressure was set using the manual BPR valve (HP5, Figure 4.14).

e Gas cooler water inlet temperature

The water temperature at the gas cooler inlet was controlled (when water was not
circulated from the HWC) by a valve system at the gas cooler inlet (C4, Figure 4.14),
where cold and warm water from an external supply where mixed to achieve the

desired gas cooler water inlet temperature.

e Hot water outlet temperature at the gas cooler outlet

The hot water temperature was set using the water-flow control valve (C5, Figure 4.14).

Table 4.22 summarises the ranges and the expected control precision of the HWSS

control parameters.
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Table 4.22: Heat pump control parameters

Parameter Control range of parameter Precision of the HWSS
control parameters

HWC water outlet flowrate 0-10 I/min -

Evaporation pressure 33.9-49.8 bar.g +1.4-+1.8 bar

Evaporation temperature 0-15°C 15K

Discharge pressure 90 " 130 bar.g +1.5 bar

Hot water temperature 40-60 °C 20K

GC water inlet temperature 16-35°C 20K

4.5.13 Measurement system and data acquisition

Figure 4.14 shows all the measurement instrumentation.

4.5.13.1 Temperature

Refrigerant and water temperatures through the system were measured with
thermocouples (T1-T24, Figure 4.14). The thermocouples were connected to
aluminium wells, which were mounted onto the outside of the refrigerant and water
tubes and the outside of the HWC respectively. To achieve good heat contact, heat
conducting paste was applied between the ports and the tubes, and most of the

measurement points were covered with insulation.

Two dataloggers with each 8 channels, a PC computer (Win95) and datalogger-
software (PicoLog R5.06.3, Pico Technology Ltd) were used to monitor the

temperatures.

Calibration of the thermocouples was performed using ice-water and boiling water as
reference points to evaluate the temperature offset and scaling factors. However, the
temperature readings of the thermocouples at the two reference points were always

within £ 0.3 K so no adjustments were necessary.

Table 4.23 summarises the specifications of the thermocouples and the datalogger.
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Table 4.23: Thermocouple and datalogging specifications

Thermocouples

Type 1}
Temperature range -210to 1370 °C
Measurement accuracy (-20 to 1150°C) +0.025 K
Datalogger

Model Picolog TC-08
Channels 8

Bus 8 bit
Measurement accuracy (not calibrated) o +0.5 K

Software

Picolog for win95

4.5.13.2 Pressure

Pressure gauges with visual analog displays were used to measure the pressures in

the refrigerant system (Table 4.24). The pressure gauges at the compressor suction

and discharge were installed permanently (P1 to P4, Figure 4.14). An additional

pressure gauge was used to measure the pressures in other locations around the

refrigerant system. For safety reasons the latter gauge was not moved while the heat

pump was operating.

The pressure gauges were calibrated by the manufacturer as described in Table 4.24.

The three pressure gauges used for the refrigerant pressure measurements (P1, P2

and P4, Figure 4.14) agreed within the precision of the pressure gauges when

measuring the pressure of the equilibrated system.

Table 4.24: Pressure gauges specifications

Permanent gauge at the compressor discharge and movable gauge

Model

Buchanan 1122

Pressure range

0-160 bar.g

Accuracy

1.5 % full scale (min. 2.4 bar)

Permanent gauge at the compressor suction and crankcase (oil pressure)

Model

Buchanan 1122

Pressure range

0-100 bar.g

Maximum accuracy

1.5 % full scale (min. 1.5 bar)
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The pressure readings on the display of the pressure gauge at the compressor suction
were difficult to read due to pressure fluctuations and vibrations (which occurred
despite a coil shaped tube of about 0.8 meter tube length between the refrigerant
system and the pressure gauge). The average deviation of the measured suction
pressure and the pressure back-calculated from the CO, evaporation temperature
readings was 0.3%£0.8 bar, which was within the data uncertainty of the measurement

devices.

4.5.13.3 Flowrates

The refrigerant mass flow rate was not measured directly because of the measurement

difficulties in the supercritical region and the unavailability of a suitable flowmeter.

The water flowrates through the gas cooler and the HWC respectively were measured
either manually, using a stopwatch, a scale and a bucket or by a magnetic type
flowmeter (Table 4.25). The flowmeter was insensitive to rapid changes in the flow so
the device was only used to measure the water flowrate through the gas cooler when

the HWC was in use.

The water flowrate through the evaporator was measured manually with a stop watch

and a bucket. The accuracy was expected to be within 5% of the actual flow.
The flowmeter was calibrated by the manufacturer but the flowmeter readings were

checked using the bucket and stopwatch method. The difference in the measured

flowrate was less than 0.1 I/min at a flowrate of 1.8 I/min.

Table 4.25: Water flowmeter specifications

Model ADMAG-AM100A (Yokogawa)
Nominal size 25 mm

Measuring span (min/max) 0-054m’h/0-17.6 m’/h
Operating temperature -30 to 60°C

Set flow-span 0-6.01/min
Accuracy within flow span 0.25% of span (0.015 I/min)
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4.5.13.4 Compressor power consumption

The compressor power consumption was measured with an energy analyser (Table
4.26), which measured the current, voltage and phase angle and displayed the power
consumption. The current and the power phase angle were measured inductively using

ampere clamps and the voltage was measured directly at the poles of the motor.

The energy analyser was calibrated by the manufacturer who quoted a precision of the

electric power measurements better than 5% of the actual load.

Table 4.26: Energy analyser specifications

Model Microvip 3 (Elcontrol)

Power supply 120 V, 60Hz
Measurements range with used clamp meters 0 -750 Vrms/0.05-1000A, 48 - 1000 Hz
Measurement frequency 1.2 seconds

Precision of voltage and current measurement 0.3% full scale + 0.3% load.
Precision of clamp +0.8% load £ 0.05A; phase angle error: 60’
Measurement accuracy of the power <5% load

consumption
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Figure 4.14: Piping and instrumentation diagram for the heat pump and the HWSS (Table 4.26 gives the code description).
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Table 4.27: Piping and instrumentation of the heat pump and the HWC

Water supply system (WSS) components

WSS1 | Hot water cylinder (HWC) WSS3 | Water pump

WSS2 | Main water supply pressure reducer WSS4 | HWC shut off valve

Heat pump (HP) components

HP1 Compressor HPS5 Expansion valve (BPR)
HP2.1 | 1% gas cooler (GC) HP6 Evaporator (E)

HP22 |2™ Gas cooler (GC) HP7 Oil return coil

HP3 Low pressure receiver (LPR) HP8 Water flow control valve

HP4 Internal heat exchanger (IHX)

Refrigerant valves

V1 Non-return lift check valve V7 3-way valve

V2 Compressor by-pass needle valve V8 Refrigerant charging ball valve

V3 Pressure relief valve high-pressure side | V9 CO, charging needle valve

V4 Pressure relief valve low -pressure side | V10 Pressure bottle non-return check
valve

V5 Ball valve (port for pressure gauge) V11 Ball valve (port for pressure
gauge)

V6 Ball valve (port for pressure gauge) V12 Oil return needle valve

Heat pump control

& HWC water flowrate control valve C41 GC water inlet temperature cold
water control valve
C21 Evaporator cold water control valve C4.2 GC water inlet temperature hot
water control valve
C2.2 Evaporator temperature hot water C5 GC hot water outlet temperature
control valve control valve
C3 Discharge pressure control

Measurement system

T1-16 | Thermocouples HP P4 Pressure gauge CO; high-
pressure side

T17-24 | Thermocouples HWC P2 Pressure gauge CO, low-
pressure side

FM Water flow meter P3 Pressure gauge oil pressure

E Energy analyser P4 Additional pressure gauge
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5 Experimental Procedure

5.1 Commissioning

The heat pump was fully commissioned before carrying out the performance tests as
described below. The commissioning procedure was repeated after every change in

the heat pump equipment configuration.

5.1.1 Leak testing

The refrigerant system was flushed with carbon dioxide to remove air and dirt from the
pipe system. Afterwards the refrigerant system was charged to 5 bar.g pressure and
the pipe connections (fittings) were checked for gas tightness with soapy water. After
the sealing procedure, the system was evacuated with a vacuum pump to remove

remaining air for approximately 1 hour.

Once the heat pump was fully charged (see below), the gas tightness checking
procedure was repeated. The refrigerant system was then pressure tested up to 130

bar.g (high-side) and 50 bar.g (low-side).

5.1.2 Refrigerant charging

The heat pump was charged with liquid carbon dioxide from a 6.8 kg pressure bottle,
which was connected to the low pressure-side of the refrigerant system (Figure 4.14).
The charge was continually measured by weighting the carbon dioxide pressure bottle

with an electronic scale.

The refrigerant charging procedure consisted of the following steps:

1. Fully close the refrigerant expansion valve (BPR, HP5 in Figure 4.14).

2. Open the refrigerant charging port (V8, Figure 4.14) and quickly pre-charge the
system to approximately 40 bar pressure by opening the refrigerant charging valve
(V9, Figure 4.14).

3. Open the BPR, the compressor by-pass (V3, Figure 4.14) and the gas cooler water
flow-control valve (HP8) and provide sufficient evaporator cooling water flowrate to
avoid freezing.

4. Start the compressor and close the compressor by-pass.
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5. Slowly close the expansion valve to give a pressure 5 bar below the desired
discharge pressure while adding CO, until a fully flooded evaporator was obtained
(the evaporator was assumed to be flooded when the temperature at the evaporator
outlet approached the temperature at the evaporator inlet).

6. Adjust the hot water temperature to the desired temperature using the water flow
control valve.

7. Adjust the CO, discharge pressure to the desired pressure and add CO, charge until
the evaporator operated fully flooded.

8. Charge 50 to 100 g additional CO; to achieve the design ballast volume in the LPR.

Problems with charging occurred due to leakage of refrigerant valves, such as the 3-
way valve (V7, Figure 4.14) and the ball valves at the refrigerant charge port caused by
cooling and thereby shrinkage of the valve seals. Therefore, ultimately the ball valve
(V8, Figure 4.14) was removed and the carbon dioxide pressure bottle was
permanently connected to the charging port. Excessive cooling of the 3-way valve was
prevented by quickly pre-charging the system and by fully closing the expansion valve

so that no liquid carbon dioxide flowed directly to the 3-way valve.

When changes to the equipment were undertaken, the refrigerant was released
through the ball valves on the LPR (V11, Figure 4.14) very slowly to avoid excessive
cooling of the valve seals. The released carbon dioxide was not recovered or recycled.

The laboratory was ventilated during the releasing procedure for safety reasons.

5.1.3 Heat pump start-up / shut down procedure

The measurement system, water supply system (flow from water mains and the water
pump to the HWC if required), GC water and the evaporator cooling water were started
first. The compressor crankcase heater was also switched on for at least 30 minutes to

boil off dissolved carbon dioxide in the oil sump before starting the compressor.

The compressor was started with the compressor by-pass needle valve fully opened
(V2, Figure 4.14). The valve was closed when the compressor reached normal
operating speed, thereafter the compressor discharge pressure quickly rose to the
desired pressure while the evaporation and suction pressures rapidly declined before

slowly recovering to a steady pressure.
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To shut down the heat pump, the compressor was switched off. The pressure in the
system rapidly balanced through the expansion valve. The water pump to the HWC

and the mains water supply were switched off immediately after the compressor.

5.1.4 Precision of the heat pump control

Table 5.1 summarises the estimated reproducibility of the heat pump operating
conditions for replicate trials. These estimates include the precision of the heat pump
control parameters (Table 4.22), the precision of the measurement devices (Table 4.23

to Table 4.26) and random uncertainty.

Table 5.1: Heat pump control precision

Control parameter Precision of heat Precision of Overall precision of the
pump control measurement device heat pump control

398 pagier watsr £2.0K +0.5K 21K

inlet temperature

SN 20K +0.5K £2.1K

inlet temperature

Discharge pressure +1.5 bar +1.2 bar +1.9 bar

Exaportion £1.5K +0.5 K £1.6 K

temperature

Suction Pressure* +1.4 bar/ £1.8 bar +0.75 bar +1.6 bar / £2.0 bar

* matching the temperature control error at 0°C / 15°C evaporation temperature

5.1.5 Preliminary trials

Preliminary trials were carried out to evaluate whether the heat pump operation was

stable and the heat pump process behaved in the expected manner.

The trials were performed with discharge pressures between 80 and 130 bar.g and
evaporation temperatures between 0 and 15°C, corresponding to a suction pressure
between 33.8 and 49.8 bar.g. The hot water temperature was not controlled to 60°C in

the preliminary tests.
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The first tests showed that:

a) There was significant cooling of the refrigerant in the compressor resulting in
compressor discharge temperatures being lower than expected even if there was
isentropic compression. The extent of the cooling effect tended to be lower at
decreasing pressure ratio and remained at higher suction superheat.

b) There was a significant imbalance (more than +15%) in the overall refrigerant mass
flowrate balance based on evaporator and GC energy balances.

c) There was a significant oil level fluctuation in the compressor oil sump (the oil level
at the sight glass dropped approximately Y2 the height at the initial start up) and
significant variation of the oil level during operation at constant compressor
operation conditions.

d) There was little cooling (smaller than 3 K) of the compressor oil in the compressor

oil-cooling coil.

Possible explanations for these observations were:

a) Compressor mechanical problems

Problems with the valve plates of the compressor pre-series models were reported by
(Neksa et al, 1999). However, significant refrigerant leakage in the compressor cylinder
would probably result in increased compressor discharge temperature, which was not

observed.

b) Liquid refrigerant in the suction line

The cooling effect could have been caused by refrigerant droplets in the suction vapour
entering the compressor. This could be the case if the refrigerant system was
overcharged, if the separation capacity of the LPR was limited, if oil foaming occurred
and/or if turbulent flow patterns in the LPR receiver caused liquid carry over. Any such
droplets were less likely to persist at superheated conditions, but the cooling effect was
observed at 20 K superheat at the compressor suction so this cause was unlikely.
However, liquid refrigerant carry-over could help explain the observed mass flowrate

(energy) imbalance.

c) Compressor oil foaming
The compressor oil tended to foam when the dissolved carbon dioxide in the oil
evaporates. In particular, this occurred at rapid changing pressures and could be

observed in the oil sump sight glass of the compressor. Foaming of the accumulated oil
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in the LPR could increase the possibility of liquid droplets. However, the possibility of

foaming in the LPR could not be observed nor measured.

d) Oil leakage and/or oil carry over from the LPR

The cooling effect could be due to excessive oil leakage from the compressor into the
discharge line and/or oil carry-over from the LPR into the suction line, with the oil
cooling the vapour and subsequently being re-cooled itself as it circulated with the CO
through the heat exchangers and accumulated in the LPR. Hubacher and Groll (2003)
reported more than 14% by mass oil flowrate in the discharge from a similar
compressor. It was difficult to measure if such oil leakage occurred but it would help
explain some of the observed energy imbalance based on refrigerant only circulation

calculations.

In conclusion, the cooling effect of the refrigerant in the compressor could not fully be
explained but it was assumed that it was caused by either liquid refrigerant and/or oll
droplets carry over from the LPR into the suction of the compressor and/or excessive

oil carry over from the compressor.

The LPR design was improved by increasing the overall lenght of the LPR from
220 mm to 320 mm (adding ballast volume for liquid refrigerant and an additional 100 g
of compressor oil, and volume for oil foaming) and modifying the refrigerant inlet pipe
(the initially straight pipe was replaced with a pipe which was designed as proposed by
Wiencke (2001)). Additionally the pressure measurement system was improved to
achieve better control by adding refrigerant ports to the gas cooler inlet and the LPR

where there was less vibration (V5 and V11, Figure 4.14).

The performance of the heat pump improved with the changed LPR. The mass flowrate
imbalance significantly decreased and the compressor discharge temperature
increased. However, measured volumetric and isentropic compressor efficiency and
discharge temperature remained lower than expected suggesting liquid (CO, and/or oil)
carry over might still be significant. The manufacturer could not fully explain the

observed compressor performance.

To provide a baseline for the compressor performance and its potential change during
further trials, the compressor performance at different loads (pressure ratios) was
measured once at the beginning of the overall experimental procedure. Table 5.2

summarises the trial conditions of these reference processes.
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Table 5.2: Reference process trial conditions

Condition No. ref1 ref2 ref3

Heat pump setup GC1, IHX on, oil return off

Evaporating temperature 0°C

Suction pressure 33.9 bar.g |
Discharge pressure 90 bar.g i 100 bar.g 110 bar.g

GC water inlet temperature 20 °C

GC water outlet temperature 45 °C

The second reference process compressor operating conditions (that is suction and
discharge pressures in ref2 trial) was used to check compressor performance changes

before each of the heat pump trials.

5.2 Performance trials

Experimental trials were carried out to characterise the performance and behaviour of
the heat pump, the HWC system as a whole, the individual heat pump components,

and to evaluate the system parameters required for the HWSS model.

The full experimental data is given in the Appendix A.3. Table 13.1 summarises the
experimental trials, while Table 13.2 and Table 13.3 give the heat pump and HWC trial

raw data respectively.

5.2.1 Trial conditions and experimental setup

Table 5.3 summarises the heat pump operating conditions used in the trials. They
covered the full range of likely operating conditions, except ambient air temperatures
below 10°C and GC water inlet temperatures below 20°C. The refrigerant evaporation
conditions correspond to ambient air temperatures between 10°C and 30°C at an

evaporator temperature difference of 10 to 15 K (as described in Table 4.3).
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Table 5.3: Heat pump operating conditions used in the trials

Operating GC water Hot water Evaporation Suction Discharge
condition No. inlet temperature | temperature pressure pressure
temperature [*€] [?Gl [bar.g] [bar.g]
[C]
C1 20 60 33.8 90
Cc2 25 60 0 33.8 90
C3 30 60 0 33.8 90
C4 20 60 75 41.3 90
C5 20 60 15 49.8 90
C6 20 60 0 33.8 95
C7 25 60 0 33.8 95
C8 30 60 0 33.8 95
co 20 60 75 413 95
C10 20 60 15 49.8 95
Cit* 20 60 0 33.8 100
c12 25 60 0 33.8 100
C13 30 60 0 33.8 100
C14 35 60 0 33.8 100
C15 20 40 0 33.8 100
C16 20 50 0 33.8 100
C17 20 60 7.5 413 100
Cc18 20 60 15 49.8 100
C19 20 60 0 33.8 105
C20 25 60 0 33.8 105
C21 30 60 0 33.8 105
C22 20 60 7.5 413 105
C23 20 60 15 49.8 105
C24 20 60 0 33.8 110
C25 25 60 0 33.8 110
C26 30 60 0 33.8 110
c27 20 60 75 41.3 110
C28 20 60 15 49.8 110
C29 20 60 15 49.8 120

* C11: Nominal heat pump operating condition. This condition was similar to the heat pump
nominal design condition but with higher heat pump water inlet temperature due to the overall
higher mains water temperature in the lab than the expected average mains temperature in NZ.
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The heat pump and the HWC performance trials were performed with different system

configurations and measurement set-ups as described in Table 5.4.

The measurement system set-up was changed during the performance trials. The
pressure gauge P4 (Figure 4.14) was used to measure the pressure either after the
gas cooler or after the IHX in addition to the pressure gauge (P1) at the compressor
discharge. The water flowmeter was only used when the HWC performance was
investigated (the hot water from the GC was supplied to the top of the HWC while cold
water from the bottom of the HWC flowed to the heat pump); in all other trials the hot

water mass flowrate was measured by the bucket and stopwatch method.

The heat pump always ran with the IHX operating to guarantee slight superheating of
the compressor suction vapour. The oil return was closed for all experiments except
when the oil recovery was being specifically investigated. The HWC was shut off during
the heat pump trials (except when the oil recovery was investigated) and the heat
pump was supplied with water from the mains so that the supply temperature was more

constant.

Table 5.4: The experimental set-ups used for the experimental trials

Experimental 51 S2 33 sS4 S5 S6 S7 S8
set-up no.

Heat pump on Cail
Gas coolerunit | GC1 | GC2.1 | GC2.2 | 631 | GC3.2 | Gead | Gead | 6Cat
IHX it -
Oil return off i i -
HWC il -
presaegouge | OO, | GO | G0 | GO | 60 | WX | X |
g4 gaug outlet | outlet | outlet outlet | outlet | outlet outlet
Measurement Flow
method of hot Bucket and stopwatch meter -
water flowrate
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5.2.2 Heat pump trials

The objective of these trials was to evaluate the overall heat pump performance and
the performance of the individual heat pump components. During the heat pump
performance trials, the heat pump was progressively improved by changing the heat
pump configuration and/or the heat pump process based on the outcomes of the
individual performance trials. The aim was to maximize heat pump efficiency. Four set

of trials were undertaken:

1. Gas cooler trials
These trials measured the performance of the various gas coolers configurations
(GC 1, GC 2.1, GC 2.2, GC 3.1 and GC 3.2) so that maximum gas cooler capacity

could be achieved. Table 5.5 summarises the trial objectives and conditions.

Table 5.5: Gas cooler performance trial objectives, heat pump operating conditions and

experimental set-ups

Trial Objectives Operating condition no. Experimental set-up
name no.
GC1 S1
Investigate: €4, €11, C12, C13, C17, C18, C24,
s GC heat transfer C29 S2
GC2.2 | performance S3
cc3.1 | Refrigerant-side sS4
——————{ pressure drop 1 ©11. G112, €13, €17, C18, C24
GC3.2 85

2. Compressor trials

Uncertainties about the compressor performance during the gas cooler trials lead to
individual compressor performance trials. The main objective of these trials was to
evaluate the compressor performance reproducibility and the effect of compressor
operating temperature, oil temperature and the oil level on the overall compressor

performance. Table 5.6 summarises the trial conditions.
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Table 5.6: Compressor performance trial objectives, heat pump operating conditions and

experimental set-up

Trial name Objectives Operating Experimental
condition No. set-up no.

Investigate:

comp 1 reproducibility of compressor performance

effect of the compressor body and oil
temperature on the overall performance

comp 2 i
effect of the oil level on the compressor C11 S6
performance

comp 3 | ol leakage rate
Investigate the effect of the compressor body

comp 4

cooling on the compressor performance

3. Heat pump performance trials

These trials measured the overall performance of the heat pump (COP) as well as the
performance of the individual heat pump components and aimed to improve the
process control strategy (discharge pressure control) so that maximum energy
efficiency was achieved. Table 5.7 summarises the conditions used for the overall heat

pump performance trials.

Table 5.7: Heat pump performance trial objectives, heat pump operating conditions and

experimental set-up

Trial name Objectives Operating condition No. | Experimental set-up no.
HP90 C1to C5
HPo5 Investigate: Ch1o C10
Heat pump COP ol
HP100 Improve discharge C11to C13;C17,C18 S6
HP105 pressure control to C19to C23
maximum heat pump COP
HP110 C23to0C28

4. CO, charge trials
These trials evaluated the required refrigerant charge (for S6, the final system
configuration) to obtain an optimally charged system at all operation conditions. Table

5.8 summarises the trial conditions.
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Table 5.8: Refrigerant charge trial objectives, heat pump operating conditions and experimental

set-up
Trial name Objectives CO, charge Operating Experimental
condition No. set-up no.

CO2-charge1 ) 1.685 kg

Evaluate required -
CO2-charge2 CO, ch 1.760 k

- 2 GHIATge g C19to C23 S6

CO2-charge3 Investigate LPR 1.815 kg

volumetric capacity
CO2-charge4 1.915kg

5.2.3 Hot water cylinder (HWC) trials

The objectives of the HWC trials was the measurement of the performance of the hot
water cylinder, such as the heat standing losses, the heat distribution (thermocline) in
the HWC, and the water temperature at the HWC bottom outlet (heat pump inlet). The
experimental data was used to evaluate the HWSS model parameters, particularly the

overall heat transfer coefficient Uywc and the effective thermal conductivity Aywe.

Three sets of trials were carried out:

1. Heating trial

The temperature distribution in the HWC was measured while heating the water by the
heat pump starting with the tank at mains water temperature. The trial was performed
with the final heat pump configuration. Table 5.9 summarises the trial experimental set-

up:

Table 5.9: HWC heating trial objectives, heat pump operating conditions and experimental set-
up

Trial name Objectives Initial heat pump Experimental set-
operating condition No. up no.

Investigate HWC
heating temperature distribution c19 S7
during heating

2. Cooling trial
The temperature distribution of the water in the HWC was measured while drawing hot

water from the top and supplying cold water make-up from the bottom. The water was
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withdrawn for different periods and at varying flowrate, starting with a fully recovered
(heated) HWC. The heat pump was switched off in this trial. Table 5.10 summarises

the experimental set-up.

Table 5.10: HWC cooling trial objectives, heat pump operating conditions and experimental set-

up

Trial Objectives Period No. [-] | Time [min] | Mass flowrate | Experimental
name [I/min] set-up no.
1 0:00 - 0:02 29 (m1
0:20 - 0:22 2.9 (m2
Measure
temperature 0:37 - 0:39 3.0

distribution of the
water in the HWC
during withdrawal
periods

Cooling S8

1:45-1:47 4.6
2:48 - 2:52 7.5 (m6)
3:50 - 3:54 7:5(m7)

N O |~ WIN

(

(

(
1:10-1:12 | 4.6 (m4

(

(

(

3. Standing losses
The objective of these trials was to measure the HWC standing heat losses when there

was no water flow through the HWC. Table 5.11 summarises the conditions used.

Table 5.11: HWC standing losses trial objectives, heat pump operating conditions and

experimental set-up

Trial name Objectives Initial HWC conditions Experimental set-up
Heat-loss1 Fully mixed HWC at 55°C
Evaluate HWC S8
Heat-loss?2 standing losses Stratified HWC with 55°C on the
top and 18°C at the bottom

5.2.4 Trial order

At the beginning of each trial the heat pump was run at the nominal heat pump
operating conditions (C11) to check whether the heat pump operation was stable and
whether the expected components performance (in particular, the compressor

discharge temperature of the ref2 trial) was achieved.
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Due to limitations in the heat pump controls and heat pump operational problems the
order of the trials could not be fully randomised. Table 13.1 and Table 13.2 give the

trials listed in chronological order.

5.3 Data analysis

The following summarises the data analysis undertaken for the trials.

5.3.1 Thermodynamic properties of water and CO,

The water and CO, properties were electronically available from the software Coolpack
V1.46 (Department of Mechanical Engineering, Technical University of Denmark).
Literature values were used (as described in section 4.2.2.1) for the viscosity and the
thermal conductivity of supercritical CO, (Vesovic et al, 1990; Fenghour and Wakeham,
1998).

5.3.2 Gas cooler (GC)

Heat transfer rate

The heat transfer rate for the gas cooler units was calculated from the water-side

energy balance:

Poc = Pwec = Mwse Cw (TW.Gcfout ~Tw sc m) Equ. 5.1

The refrigerant-side energy balance is:

Poo26c = Meo26c (hcoz.Gcf in hCO?.GCfouI ) Equ. 5.2
Where:

Pac Heat transfer rate for the gas cooler [W]

Pw.cc Rate of heat gain by the water in the gas cooler [W]

#coz ce Rate of heat rejection by the CO, in the gas cooler [W]

My, cc Water mass flowrate in the gas cooler [kg/s]

m coz e Refrigerant mass flowrate in the gas cooler [kg/s]

Cw Specific heat capacity of water [J/kgK]

Tw, cc in Water temperature at the gas cooler inlet [°C]

Tw, cc out Water temperature at the gas cooler outlet [°C]
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h coz cc in Enthalpy of the refrigerant at the gas cooler inlet [J/kg]

h coz e out Enthalpy of the refrigerant at the gas cooler outlet [J/kg]

Refrigerant mass flowrate

The refrigerant mass flowrate for the gas cooler (single units and two units in series)

was back-calculated from the overall heat balance:

Poc

CO2.GC _in ﬁhCO2.GCfout

Mcoz26c = ™ Equ. 53

CO; enthalpies were calculated from measurements of pressure and temperatures at

the relevant positions in the refrigerant cycle.

Gas cooler 3.1 and 3.2

The energy balance of the gas cooler configuration with two units in series was

calculated for each of the two gas coolers separately.

boc = Pc-1st + Poc-2nd Equ. 5.4

Meco26e 1t + Meoz.6c 2nd

Mco2.6c = 5 Equ. 5.5
with:
Psc1st = Mwce Cw (Tw,GcJ‘n ~Twee _centre) Equ. 5.6
= ¢GC 1st
Mcoz.6c-15t = Equ. 5.7
hCO?,GC & hCOZ.GC _centre
and:
Pc-2nd =My e Cw (TW.GC centre _TW.GCvom) Equ. 5.8
m B Poc_2nd
co2,6c-2nd = Equ. 5.9

hCOZ‘ GC _centre ~— hCOZ, GC _out
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Where:

@ Ge-1st Heat transfer rate for the first gas cooler unit [W]

& ce-ond Heat transfer rate for the second gas cooler unit [W]

M co» Ge-1st Refrigerant mass flowrate back-calculated from the heat balance of the first
GC [kg/s]

m co2 Gc-2nd Refrigerant mass flowrate back-calculated from the heat balance of the
second GC [kg/s]

T 66 contre Water temperature between the first and the second gas cooler unit [°C]

h coz. e centre Enthalpy of the refrigerant between the first and the second gas cooler unit

[Ukg]

Heat transfer coefficients

The overall heat transfer coefficient U was calculated using the segmented gas cooler
temperature model (as described in section A.2.2) and the overall heat balance for the

gas cooler:

n

boc = D bocn = O (UAsc,, LMTDg¢ ,) Equ. 5.10
1

i

Solving for the overall U value (based on the mean heat transfer surface):

n
Uge = ZUAGCVH _ 1 . Poc.n Edu. 5:11
Apmean, 6c Amean.cc ‘7 LMTDgc ,
Where:
Usc Overall U value of the gas cooler, based on the mean heat transfer surface area
W/im?K]
dce n Heat transfer rate of the n" gas cooler segment [W]

LMTD ¢ Log mean temperature difference of the n" gas cooler segment [K]
A mean, 6c Mean heat transfer surface of the gas cooler [m?]

A mean, 6C.n Mean heat transfer surface of the n"” segment of the gas cooler [m?]

The water side heat transfer coefficient (hwsc) was calculated using the McAdams
correlation (ASHRAE, 2001) with water properties based on the mean bulk
temperature. Hence the refrigerant side heat transfer coefficient was back-calculated

from the equation for the overall heat transfer resistance:
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ligc Inroec / nge )

A
: = ; i be 3 i Equ.5.12

UGC fvent Amean,GC hCO2,GC ACOZ,GC Amean.GC hW‘GC AW,GC

Solving for the CO,-side heat transfer coefficient gives:

1
Heppae = Equ. 5.13
1 lice /r’(ro.cc /r/.GC) 1
T e e == g Acozce
UGC fven[ Amean.GC Amean,GC /Ltube hW,GC AW‘GC

Where:

h coz e Refrigerant-side heat transfer coefficient [W/mzK]

hwoee Water-side heat transfer coefficient [W/m’K]

A corce Heat transfer surface area of the refrigerant-side [mz]

Awoee Heat transfer surface at the water-side [mz]

ri e Radius of the inner tube [m]

o Gc Radius of the inner tube of the annulus [m]

Atiibs Thermal conductivity of the tube [W/mK]

e Overall heat transfer reduction factor due to the vented GC design [-]
Gas cooler effectiveness

The gas cooler effectiveness was calculated by:

EGC - 7'COZ,GC in —TCO2,GC _out Equ. 514

TCOZ,GCJn = Tw,ccu in

Where:

€6c Gas cooler effectiveness [-]

T coz6c in Refrigerant temperature at the gas cooler inlet [°C]

T coz.6c out Refrigerant temperature at the gas cooler outlet [°C]

If the gas coolers were in series then equivalent calculations were also performed for

each unit.
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5.3.3 Internal heat exchanger (IHX)

Heat transfer rate

The heat transfer rate was calculated from the high pressure refrigerant side properties

entering and leaving the IHX and the mean refrigerant mass flowrate:

Prix = Meoo (hCOZ,/HX in —PNeozmx out) Equ. 5.15

Where:

@ itix Heat transfer rate for the IHX [W]

m co» Mean CO, mass flowrate [kg/s]

h coz.iHx in Enthalpy of carbon dioxide at the IHX inlet [J/kg]
h cozimx out Enthalpy of carbon dioxide at the IHX outlet [J/kg]

Low-pressure refrigerant calculations could not be done because the refrigerant inlet

condition (quality) to the IHX (inside the LPR) was not known.

Heat transfer coefficient

The heat transfer rate based on the outer heat transfer surface area (low-pressure

side) of the IHX was given by:

B = Upx AOJHX LMTD,;x Equ. 5.16

Hence the overall heat transfer coefficient for the IHW was estimated using:

¢/HX
Upx = Equ. 5.17
" Aok LMTD E

The temperature profile of the IHX was unknown because the liquid level in the LPR
was not measured so a sim<ns1:XMLFault xmlns:ns1="http://cxf.apache.org/bindings/xformat"><ns1:faultstring xmlns:ns1="http://cxf.apache.org/bindings/xformat">java.lang.OutOfMemoryError: Java heap space</ns1:faultstring></ns1:XMLFault>