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ABSTRACT 

The most common type of air cooling coil used in the refrigeration industry is the 

finned tube heat exchanger. The performance of such coils can be greatly hindered 

by frost formation, which will occur when the coil surf ace temperature is both below 

the dewpoint of the air passing over it, and below 0°C. Frost reduces performance, 

both through the increased thermal resistance of the frost layer, and by reduction of 

the air flow through the coil. 

Whilst frosting on coils is influential on performance, there is comparatively little 

information available on the performance of finned tube heat exchangers under 

frosting conditions. Smith (1989) has proposed an "unfavourable" frost formation 

theory. The theory states that unfavourable frost formation occurs when the line 

representing the temperature and humidity of the air passing through the coil, crosses 

the saturation line of the psychrometric chart. This criteria is more likely to occur 

under conditions of high relative humidity, low sensible heat ratio (SHR), and/or high 

refrigerant-to-air temperature difference (TD). Under unfavourable conditions it is 

suggested that the frost will be of particularly low density, which would cause coil 

performance to decline to a much greater extent for the same total frost 

accumulation, than under "favourable" frosting conditions. 

The objectives of this study were io measure the change in performance of a cooling 

coil under frosting conditions, and to assess the validity of the unfavourable frost 

formation theory. 

A calorimeter style coil test facility was used, that allowed coil performance to be 

measured as frost accumulated in a manner consistent with coil operation in industrial 

practice (i.e. declining air flowrate and a wide range of SHR' s). The data collected 

supported the concept of unfavourable frost formation with a more rapid decline in 

performance for operation with low SHR, than that at high SHR, for the same total 

frost accumulation. Some recovery of coil performance was observed when operation 
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at low SHR (with rapid performance deterioration) was followed by a period of high 

SHR operation. 

Equations were developed that allowed the theoretical conditions for the formation 

from favourable to unfavourable frosting to be quantified. The measured change in 

the rate of coil performance deterioration with frost buildup was dependent on air and 

coil conditions, in a manner consistent with these equations. The transition between 

favourable and unfavourable frost formation appeared to be related to the lowest 

temperature on the coil surface rather than the mean surf ace temperature. 

Satisfactory predictions of frost formation types were obtained by using the 

refrigerant evaporation temperature as an approximation to the lowest coil surface 

temperature. 
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1 INTRODUCTION 

The preservation of perishable food items for storage, transport, and distribution to 

the consumer is important, especially with seasonal production of many products, and 

international trade now being common place. Refrigeration is a common method of 

food preservation. Cost-effective refrigeration is particularly important to New 

Zealand, as a country whose economy is highly dependent on exports of primary 

products. 

The most common refrigeration systems used are mechanical vapour compression 

units, with air as the heat transfer medium between the cooling refrigerant and the 

product. Air cooling coils are one of the key components used in such a system. 

The cooling coil, and associated fans, have two main purposes: 

• provide the rate of heat transfer necessary to maintain the desired air 

and product temperatures, and 

• provide the desired air movement through the coil, around the 

application, and over the product. 

In some applications an additional role of maintaining the desired relative humidity 

of the air is also required. 

Operation below 0°C can result in frost formation on the coil surface. Frost 

formation reduces coil performance through both insulation of the coil surface and 

reduced airflow through ·~e coil. The coil must be periodically defrosted when 

performance becomes inadequate. All of these factors result in additional operating 

and capital costs for the refrigeration system, and potential disruption to the 

continuous operation of the application. · 

Prediction of the effect of frost on coil performance is important for cost-effective 

coil, and refrigeration system, design and operation. Although the mechanism of 

frost growth has been extensively researched, and good models for dry coil 

performance are available, there is comparatively little information on the effects of 

frost on air cooling coil performance. A better understanding of the factors affecting 
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frosted coil performance will enable costs to be minimised and plant performance to 

be optimised. This would represent an important step in achieving a cost-effective 

refrigeration system. This study into the effect of frost on air cooling coil 

performance is therefore clearly justified. 
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2 LITERATURE REVIEW 

2.1 INTRODUCTION 

The most common type of air cooling coil used in the refrigeration industry is the 

finned tube heat exchanger. The finned tube heat exchanger comprises of a bank of 

horiwntal tubes with either continuous fin sheets or individual fins, perpendicular to 

the tubes. Usually fans are associated with the coil, and provide air flow parallel to 

the fins, and across the tubes. The cooling refrigerant is circulated inside the tubes. 

A wide variety of coil configurations are possible including: forced or induced 

draught air flow; fixed or variable speed fans; direct expansion, flooded, or pumped 

refrigerant circulation; counter-current, co-current, or cross-flow refrigerant to air 

arrangements; staggered or in-line tube alignment; single or multiple refrigerant 

circuits; variable or uniform fin spacing; collared or welded fins; flat or wavy fins; 

and a number of possible materials of construction. 

The performance of such coils can be greatly hindered by frost formation, which will 

occur when the coil surface temperature is both below the dewpoint of the air passing 

over it, and below 0°C. Frost reduces coil performance, both through the increased 

thermal resistance of the frost layer, and by reduction of the air flow through the coil 

(Sanders, 1974; Kondepudi & O'Neal, 1987; Stoecker, 1988). With frost formation 

the refrigeration system must either operate with a lower refrigerant evaporation 

temperature to compensate for the loss of performance, or there may be loss of 

temperature control in the application. The reduction in air flowrate can also have 

important effects on unifonnity of conditions in the refrigerated room, and on the 

desired heat transfer in the room, such as removal of heat from product. In addition, 

the coil must be periodically defrosted when performance becomes unsatisfactory, 

incurring further energy costs, and disrupting operation of the application. A better 

understanding of the mechanisms of frost formation, and its impact on coil heat 

transfer, is important to designers and operators of refrigeration systems. 

A significant amount of literature is available in the heat transfer and frost growth 
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field. For practical reasons, this review was limited to papers that met one or more 

of the following criteria: 

• they considered finned tube heat exchangers with evaporating refrigerant as 

the coolant; other geometries and configurations are only discussed if the 

principles involved are more generally applicable, 

• they describe physical models for, or measurements of, frost formation where 

these aid in the understanding of the performance of the coil, 

• they contain mathematical models of coil performance that are macroscopic, 

rather than microscopic in nature, and 

• they describe coil performance measurement methods and standards relevant 

to finned tube heat exchangers. 

The literature can be divided into several broad categories; 

• cooling coil performance under dry conditions, 

• measurement and modelling of frost formation, frost growth and frost 

properties, 

• frosted coil performance measurements, and 

• models of coil performance with frosting. 

The basic equations describing instantaneous cooling coil heat transfer rates are 

presented first as a framework fot further discussion of the literature. 

2.2 INSTANTANEOUS COIL HEAT TRANSFER RATES 

The following equations describe the instantaneous rate of heat transfer for a cooling 

coil in terms of the air-on and air-off conditions. The total rate of heat transfer is 

the sum of the sensible and latent components. Sufficient accuracy for industrial 

situations is achieved with the following definitions: 

4>, = 4>. + 4>, (2.1) 



where: <1> t 

<1> s 

q> I 

ma 

Ca 

TOIi 

To.ff 

M 

"' = m c (T - T ) 'I' 1 a a 011 off 

= total coil heat transfer rate (W) 

= coil sensible heat transfer rate (W) 

= coil latent heat transfer rate (W) 

= mass flowrate of dry air (kg/s) 

= specific heat capacity of dry air (J/kg) 

= coil air-on temperature (°C) 

= coil air-off temperature (°C) 
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(2.2) 

(2.3) 

= latent heat of condensation or sublimation of water vapour 

(J/kg) 

H011 = coil air-on absolute humidity (kg/kg) 

H 0.ff = coil air-off absolute humidity (kg/kg) 

The total heat transfer rate can also be expressed in terms of the sensible heat load 

and the sensible heat ratio (SHR), or using the reciprocal of SHR, the total to sensible 

ratio (T:S): 

<I> 
<I> = __!._ = "' T:S 

I SHR 't'i 
(2.4) 

These equations alone cannot be used to model the cooling coil heat transfer 

performance, because the air-off conditions cannot be predicted without a priori 

knowledge of the physical characteristics of the coil, the air-on conditions, and 

refrigerant conditions. The normal approach is to predict<!>, and <I>, separately, (or 

<I>, and either SHR or T:S). 
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2.3 DRY COOLING COIL PERFORMANCE MODELS 

Under moisture free conditions there is no condensation or frost formation, there is 

no latent component, and consequently only the sensible heat transfer needs to be 

considered. The standard approach is to ignore transient effects and use a quasi­

steady-state approach. Dynamic models are generally only used in the specialised 

field of dynamic simulation of refrigeration systems (Cleland, 1990). 

2.3.1 Sensible Heat Capacity Rating 

Commonly, the sensible heat transfer is described by an overall sensible capacity 

rating for the coil. This can be expressed in terms of the mean temperature 

difference between the air and the refrigerant: 

where: u 
A 

.+. = U A TD 'I' .r ,,. 

= overall sensible heat transfer coefficient (W /m2oC) 

= coil surface area (m2
) 

(2.5) 

TD,,. = mean temperature difference between the refrigerant and the 

air (°C). 

U and A are usually grouped together as the sensible heat transfer rating for the coil, 

UA. For countercurrent flow of an evaporating refrigerant with minimal refrigerant 

side pressure drop, the mean temperature difference between the refrigerant and the 

air, is defined as (Stoecker, 1988; Cleland and Cleland, 1992): 

TD = 
"' (2.6) 

where: = refrigerant evaporation temperature (°C) 

Alternatively, the air-on temperature difference between the air and the refrigerant 



can be used: 

"' = UA (T - T ) 't' s Oil Oil re 

where: UAOll = air-on coil sensible performance rating (W re). 

The relationship between the alternative capacity ratings is (Stoecker, 1988): 

-UA 

UAOll = ma Ca (1 - exp m. c.) 
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(2.7) 

(2.8) 

The overall heat transfer coefficient, UA, represents the combined effect of refrigerant 

and air-side heat transfer coefficients, fin area and efficiency, and tube area and 

conductivity. This can be described by (Stoecker & Jones, 1982): 

where: A ,, 
Aa 

A1 

Am 

Ar 

ha 

hr 

X 

1 1 1 X = ----- + __ + __ 
U A h/T1A1 + A) hr Ar A.Am 

= thermal conductivity of the tubes (W/m°C) 

= fin efficiency 

= air-side area of the tubes (m2
) 

= fin surface area (m2
) 

= mean area of the tubes (m2
) 

= refrigerant side area of the tubes (m2
) 

= heat transfer coefficient on the air side (W/m2 °C) 

(2.9) 

= he~t transfer coefficient on the refrigerant side (W/m2 °C) 

= tube thickness (m) 

The first term on the right hand side is the air-side and fin heat transfer resistance, 

the second is refrigerant side heat transfer resistance, and the third represents 

conduction through the tube wall. The conduction term is often omitted, because it 

is usually negligible. 
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2.3.2 Capacity Rating Component Models 

A large number of papers have considered the prediction of refrigerant side heat 

transfer coefficients for evaporation of refrigerant in tubes. Recent reviews of 

correlations relevant to finned tube heat exchangers are given by Turaga and Guy 

(1985) and Pate (1992). Prediction of refrigerant side heat transfer coefficients is not 

simple due to the presence of two-phase flow, changing refrigerant quality through 

the coil, the presence of lubricating oil, and presence of a superheating region for 

direct expansion coils (Shah, 1976; Stoecker and Jones, 1982; Turaga and Guy, 

1985). Most correlations used for coils are functions of heat flux, mass flux, and 

refrigerant properties. 

Similarly, a large number of papers have considered air-side heat transfer coefficients 

for configurations relevant to finned tube heat exchangers. Reviews of prediction 

methods are given by Sanders (1974) and Webb (1980). Many correlations are 

empirical in nature and therefore are specific to the type and geometry of the heat 

exchanger studied and to the test conditions used. Most are based on measurements 

without frost present. 

Fin efficiency is the ratio of actual fin-to-air heat transfer, to that if the entire fin was . 
at the primary surface temperature. Incorporating such a term eliminates the 

difficulty of different surface temperatures across the coil, and can allow for non­

ideal contact between the ~s, and the tubes (Kondepudi and O'Neal, 1987). A 

number of relationships and charts, for fin efficiency, for different fin geometries are 

available (Stoecker and Jones, 1982; Sanders, 1974). Kays and London (1964) 

developed a commonly used relationship for fin efficiency for a flat plate, in terms 

of the fin geometry, thermal conductivity, and air-side heat transfer coefficient. 

2.3.3 Overall Coil Heat Transfer Models 

Refrigerant and air-side heat transfer coefficients can change substantially throughout 

a coil due to changes in refrigerant quality' air to refrigerant temperature differences, 
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pressure drops etc. Frequently average values for the entire coil are used rather than 

integrating the changes in conditions over the entire coil. Y amagishi and Karaki 

(1975), Goldstein (1983), Hauhas (1983), Domanski and Didion (1984), Poroedos and 

Gaspersic (1987), and Nesjie and Skaugen (1989) all present overall air coil models 

that are based on steady-state section-by-section analyses of the coil. None of these 

included the effect of frost formation. Goldstein (1983) and Nesjie and Skaugen 

(1989) allowed for the latent heat transfer due to condensation (wet conditions) as 

this can be analyzed in a steady-state manner. 

2.4 FROST GROWTH AND FROST PROPERTIES 

2.4.1 Frost Growth 

In order in predict the macroscopic effects of frost on coil performance, it is useful 

to first consider the microscopic process involved in frost formation and growth. 

The process of frost formation and growth is a cumulative and continuously changing 

situation, making it difficult to predict frost characteristics, and prevents any steady 

state analysis (Jones and Parker, 1975). Frost parameters such as density, thermal 

conductivity, and thickness which are highly influential in the effect of frost on coil 

performance, are dependent not only on the conditions under which frost is forming, 

but also time and the history of how the frost was formed (Jones and Parker, 1975). 

The frost formation process can be divided into three periods; crystal growth, frost 

layer growth, and finally, frost layer full growth period (Hayashi et al, 1977). 

Initially ice crystal nucleation must occur, which is a somewhat random process. The 

individual frost crystals grow independently, in a vertical direction, to form a thin 

frost layer. From this cluster, usually of rod type crystals, individual crystals branch 

and begin to interact, and the frost layer growth period begins. The frost layer 

becomes more uniform and the frost density begins to increase. At this point the 

water vapour at the frost surface can take two paths. It can diffuse into the frost 
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layer and increase the frost density, or can increase the frost thickness at the surface 

(Jones and Parker, 1975). In practice both processes would occur simultaneously. 

At temperatures close to 0°C the increased thermal resistance may result in the frost 

swf ace melting, and the condensate soaking into, and freezing, within the frost layer 

(Hayashi et al, 1977). During the full growth period the frost density would be 

expected to increase further, along with addition to frost thickness. 

2.4.2 Frost Properties and Heat Transfer in Simple Geometries 

O'Neal and Tree (1985) reviewed frost formation in simple geometries. This review 

was divided into three categories; frost properties, frost growth in simple geometries, 

and heat transfer in simple geometries. Two of the important frost properties for 

frost growth and heat transfer modelling are the frost density and thermal 

conductivity. Both can change by an order of magnitude as frosting proceeds. 

Frost density has been observed to initially decrease, followed by a steady increase 

(Hayashi et al, 1977). Hosoda and Uzuhashi (1967) observed frost densities ranging 

from 60 to 600 kg/m3
, Lotz (1971) from 20 to 400 kg/m3, and Gatchilov and Ivanova 

( 1979) observed densities from 20 to 250 kg/m3
• 

There is wide variation in the correlations between thermal conductivity and frost 

density, probably due to differences in the crystal structure and porosity of the frost. 

Correlations between density and thermal conductivity showed that as density 

increased, there was a corresponding increase in thermal conductivity (Hosoda and 

Uzuhashi, 1967; O'Neal and Tree, 1985). The structure of frost formed under one 

set of conditions can be dramatically different to that under another set of conditions. 

Any correlation should only be used within the range of conditions for which it was 

defined. Some frost thermal conductivity correlations also include terms for frost 

and/or surface temperatures (Brian et al 1969; Marinyuk, 1980). 

Frost growth has been studied on a number of simple geometries, including cylinders, 

flat plates, through annulus, and in parallel plates. The major variables affecting 
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frost growth appeared to be air velocity, surface temperature, location, and air 

humidity. Increased frost thickness was encountered with a decrease in wall or 

surface temperature, and with increased humidity (Hosoda and Uzuhashi, 1967; 

O'Neal and Tree, 1985). Not all investigations agree on the impact of air velocity 

(or Reynolds number) on the rate of frost growth. Schneider (1978) found frost 

growth to be independent of Reynolds number, while Hosoda and Uzuhashi (1967) 

found it to be dependent. O'Neal and Tree (1985) suggest that there may be a 

critical Reynolds number, above which frost growth is independent of Reynolds 

number (15900 for flow through a parallel plate heat exchanger). They stated that 

theoretically the frost at the leading edge should be thicker than that at the rear, as 

the heat and mass transfer coefficients are greater at the front. This appeared true 

in some situations, however in other situations uniform frost growth was experienced. 

O'Neal and Tree (1985) commented that this effect has not been adequately 

quantified. 

Kamai et al (1952), Chung and Algren (1953), and Hosoda and Uzuhashi (1967), 

found the Chilton-Colburn analogy to be applicable under frosting conditions, 

enabling the mass transfer coefficient to be inferred from the heat transfer coefficient 

and visa versa. As the frost surf ace is usually rougher than the surface on which it 

forms, the air-to-frost heat transfer coefficient is usually greater than for air-to-metal. 

2.5 MEASUREMENT OF FROSTED COIL PERFORMANCE 

2.5.1 Coil Testing Standards 

Two available coil testing standards include performance measurement for coils 

operating under frosting conditions. These standards attempt to quantify average 

performance, but do not show how performance varies as frost forms on the coil 

surface. 
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The ASHRAE Standard 25-77 (ASHRAE, 1976) for testing coils which operate 

below 0°C, specifies testing under frost-free conditions. It is up to the system 

designer to add the required "application factor", to allow for reduced performance 

due to coil frost, and to compensate for lower operating times due to defrosting 

requirements. Under this standard, coil capacity is determined by the enthalpy 

change in the refrigerant across the coil, and/or the total heat inputs to a calibrated 

box which holds the test coil. This standard provides the definitions, required 

accuracy, and calculations for the testing of coils, but does not state precise test 

conditions, and omits testing under frosted conditions. 

The Dutch air cooling coil performance testing standard (Netherlands Standard NEN 

1876; Netherlands Standards Institute, 1979) requires measurement of dry 

performance, frosted performance, and the defrost requirements of the coil. The 

standard specifies a calorimeter type facility and gives 5 test conditions, with 

temperatures from 4°C to -30°C, and relative humidity from 80 to 85%. For each test 

condition, the wet and dry heat loads are adjusted to maintain the air-on temperature 

and relative humidity, and refrigerant evaporation temperature, at the prescribed 

levels. Refrigeration capacity is determined by refrigerant flow and the enthalpy 

difference of the refrigerant across the coil. Coil operation and heat addition is 

stopped, and defrosting commenced, once the coil performance has fallen below 85% 

of the nominal refrigeration capacity (which is that after 30 minutes of operation). 

Cooling coil capacity definitions are given that incorporate the effects of frosted coil 

performance, and defrosting losses to give a time-averaged frosted performance 

rating. 

Sanders (1972) states that in many cases the coil capacity is not clearly defined, and 

can lead to dispute and controversy. The use of an average cooling capacity such as 

those given by the Dutch Standard was recommended. Infante-Ferriera (1988) noted 

the danger in using the nominal refrigeration capacity for design purposes because 

the actual coil performance under frosting conditions can be considerably lower. 
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2.5.2 Coil Performance Measurements 

There are two main types of coil test facilities - calorimeter chambers, and air 

tunnels. Calorimeters are generally considered more representative of the oue coil 

operating conditions, whilst the tunnel type arrangement allows air parameters to be 

varied to greater limits (Gatchilov and Ivanova, 1979). Sanders (1972) added that 

calorimeters allow testing of the complete unit, including defrost. However, there 

is increased possibility of non-homogeneous air conditions at coil entrance and fog 

formation, and greater difficulty measuring air flowrate and controlling humidity, 

compared to the use of wind tunnel facilities. 

The two main factors affecting frosted coil performance are the reduced airflow 

through the coil and the insulation of the coil surface. Firstly, the frost reduces the 

air free flow area, which decreases the effective fin spacing. For the same total air 

flowrate, the reduced free flow area increases air-side pressure drop across the coil 

(Stoecker, 1957). Depending on the fan characteristics, the reduced free flow area 

may reduce the air mass flowrate, face velocity, and therefore the air-side heat 

transfer coefficient (Sanders, 1974). Secondly, the frost insulates the coil surface. 

The degree of insulation will depend on the amount of frost and the frost properties, 

particularly density and thermal conductivity (O'Neal and Tree, 1985). 

Stoecker (1957) performed trials on finned coils with air temperature of 0°C, 72% 

relative humidity, fin density of 4 and 9 fins per inch (fpi), operated under constant 

air flow (varied between trials). Heat transfer performance was based on, U, the 

sensible heat transfer coefficient. Stoecker reported an initial increase in coil 

performance with the onset of frost formation, followed by a performance decline. 

The initial increase was attributed to an increase in surface roughness and surface 

area. The decline was considered the result of the insulation of the coil surface by 

the frost. It should be noted that although the airflow was constant in Stoecker' s 

trials, the air velocity through the coil would actually increase as the coil blocked 

with frost, increasing the air-side heat transfer coefficient. Although the trials were 

at constant air flowrate, he concluded, that due to increased pressure drop, the effect 
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of frost on diminishing air flow was of more concern than the effect on heat transfer. 

Increased air flow and lower fin density lead to higher heat transfer performance. 

Higher pressure drops were observed at higher airflow rates. Stoecker 

recommended air flow as the best indication of the optimum time to defrost. 

Hosoda and Uzuhashi (1967) used a tunnel test facility, with copper cooling plates, 

and finned tube heat exchangers. The experimental conditions were: air temperatures 

from 0°C to l0°C, relative humidities of 50% to 80%, and surface temperatures from 

-23°C to -13°C. During their trials, frost growth was observed to be uniform 

throughout the coil. They noted an increase in frost formation with reduced coil 

surface temperature and increased air velocity. Increased air velocity and higher 

surface temperatures produced denser, smoother, ice like frost. They gave 

correlations for frost density, based on surface temperature and air velocity. The air­

side surface heat transfer coefficient with frost, was found to be approximately twice 

that of the unfrosted flat plate. This was attributed to the increased surf ace area. 

Lotz (1971) conducted trials at air temperatures from -20°C to 0°C, and relative 

humidities of 40 to 80%. Heat and mass transfer coefficients were found to be 

higher for the frost-air interface than for the dry metal-air interface, and they 

increased with frost roughness. Highest frost surface roughness was produced for 

low air velocities, low air and wall ·temperatures, and low air relative humidity. 

Niederer ( 197 6) conducted . trials on ammonia cooling coils at 0°C air temperature, 

with various fin spacings from 2 to 6 fpi (including variable spacing). The overall 

heat transfer coefficient was estimated, based on the mean temperature difference 

between refrigerant and air. At 85% relative humidity uneven frost distribution was 

observed, with the bulk of the frost deposited on the first rows of the coil. It was 

concluded that the decrease in heat transfer coefficient during frosting, was directly 

related to reduced air flowrate. Wider fin spacing was found to perform better under 

frosting conditions, as operation between defrosting was prolonged. Variable fin 

spacing performed better than fixed fin spacing, under the same frosting conditions. 
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Gatchilov and lvanova (1975) investigated a range of air flow rates, but held air flow 

constant during each trial. Relative humidity was 80 to 83%, air temperature of 0°C, 

and temperature difference was 8°C for all trials. They found increased air flow 

resulted in increased frost growth, higher pressure drop, and gave greater heat 

transfer coefficients. 

Gatchilov and Ivanova (1977) conducted trials in a calorimeter facility. They tested 

direct expansion finned tube heat exchangers for air temperature in the range -l0°C 

to 0°C, relative humidity in the range 75% to 90%, and refrigerant to air temperature 

differences of 5°C to 15°C. Heat transfer performance was based on a sensible air­

side heat transfer coefficient which included the effect of frost. The rate of frost 

growth was found to be higher initially, until the thermal resistance of the frost layer 

lowered the temperature driving force. The rate of increase in air pressure drop, and 

decline in air velocity and sensible performance, was greater at higher relative 

humidities, higher air temperatures and larger temperature differences. It was 

observed that frost growth was greater in the first rows of the coil. At higher 

humidities performance peaked and declined sooner, than with lower humidities. 

Gatchilov and lvanova (1979) investigated frost structure and properties, and their 

influence on coil performance. Frost formation was seen to begin on the tubes, then 

move along the fins, starting at the base. This was only evident in the first 15 to 20 

minutes, after which the frost thickness was approximately even, probably due to a 

reduced temperature gradient resulting from the initial frost formation. Frost 

structure and properties were observed to be different between the tubes and the fins, 

with the tubes having considerably smoother frost than the fins. Frost roughness 

decreased with time, and increased with higher relative humidity and increased air 

flow. Increased frost roughness lead to increased heat transfer coefficient, but also 

increased coil pressure drop. At high air velocity and humidity the highest roughness 

and thickness was observed on the first rows of the coil. Frost density was found to 

increase with time, increased relative humidity, and increased air flow. It was 

concluded that with wider fin spacing, frosted coil operation may be prolonged before 

the coil requires defrosting and that variable fin spacing performs better than constant 
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fin spacing. 

Ivanova and Gatchilov (1983) conducted tests with air-on temperatures of -1°C to 

2°C, relative humidities of 74% to 88%, temperature difference of 8°C to 10°C, and 

constant airflow for each trial (2 to 10 kg/m2s). Increased humidity and air flow 

increased frost thickness for the same length of operation. After prolonged operation, 

the rate of increase in frost thickness reduced, as part of the water vapour in the air 

diffused in to the existing frost layer, to increase frost density. 

Kondepudi and O'Neal (1987) reviewed the effects of frost growth on extended 

surface heat exchanger performance. This review was divided into the effect of frost 

on fin efficiency, overall heat transfer coefficient, pressure drop, and surface 

roughness. The conclusions reached were: Fin efficiency increases initially, and 

tends to a constant value; no verification of fin efficiency expressions had been 

presented; overall heat transfer coefficient has an initial rise, due to increased surface 

area and roughness of the frost, which is later off set by the insulation effects of the 

frost; overall heat transfer coefficient increases with relative humidity and airflow; 

heat exchangers with wider or variable fin spacing perform better under frosting 

conditions; pressure drop across the coil, and hence drop in air flow, was more 

influential than the insulation effect on heat transfer performance; surface roughness 

is difficult to predict, and can contribute to enhanced heat transfer in the initial stages . 
of frost growth; roughness is affected by humidity and airflow. Kondepudi and 

O'Neal (1985) also noted that further experimental work on the exact effects of frost 

on coil performance is required, and that simple, yet accurate, correlations for overall 

heat transfer coefficient, based on coil geometry and environmental conditions would 

be useful. 

Kondepudi and O'Neal (1989), performed trials in a tunnel type facility, on louvred 

finned tube heat exchangers, with fin densities from 14 to 18 fpi, relative humidity 

from 60 to 85%, face velocity between 0.6 m/s and 1.3 m/s, air temperature of 0°C, 

in a tunnel type facility. They quantified coil performance in terms of energy 

transfer coefficient, based on air enthalpy driving force. Experiments were conducted 
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at constant air flowrate. The energy transfer coefficient remaining approximately 

constant, until the later stages when it began to fall, which was attributed to the 

insulation effect of the frost. The energy transfer coefficient drop off was more rapid 

with increased frost growth, due to the higher insulation effect reducing the sensible 

heat transfer. Higher humidity, higher air flow, and high fin density gave higher 

energy transfer coefficients and increased rates of frost growth. Higher humidity 

leads to higher latent heat transfer, and more frost growth (attributed to higher mass 

transfer potential). Higher fin density gave more frost growth, as it provides more 

surface area for heat transfer, and higher localized air velocity between the fins. 

However as the free flow area decreases, the pressure drop across the coil increases, 

which results in faster performance decline. Factors which lead to increased frost 

growth, lead to increased pressure drop across the coil. 

2.6 MODELS OF FROSTED COIL PERFORMANCE 

2.6.1 Heat Transfer Only Models 

A number of models, particularly those used in air conditioning applications, include 

the latent heat component in steady state models, but ignore the effect of the buildup 

of frost that occurs due to the latent heat transfer. 

For air conditioning applications, where condensation rather than frosting occurs, a 

straight line law is usually used to describe the overall heat transfer (Stoecker and 

Jones, 1982; Stoecker, 1988). This approach assumes that the air transferring heat 

and mass to a wetted surface, follows a straight line on the psychrometric chart, from 

the air-on condition to the saturation line at the coil surface temperature. The change 

in temperature is proportional to the sensible heat transfer, while humidity difference 

is proportional to the latent heat component (Stoecker, 1988). This has important 

implications on the psychrometric chart, because the slope of the line representing 

the air conditions passing through the coil, is directly related to the sensible heat ratio 

(Cleland and Cleland, 1992). Using this approach, the SHR can be estimated from 
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a sensible heat transfer design, using: 

[ J
l 

!ih H - H 
SHR = 1 + 'Jg ( 011 

) 

Ca (To11 - T) 
(2.10) 

The problem with this method is the estimation of the surface temperature, as it is 

not uniform across the coil surface. It is dependent on the relative size of the air and 

refrigerant side heat transfer resistances. 

Stoecker and Jones (1982) showed that if the Lewis relationship between the sensible 

heat transfer coefficient and the mass transfer coefficient holds, the total heat load 

can be expressed in terms of sensible heat transfer coefficient and the enthalpy 

potential: 

where: 

h A 
<)>, = _a_ ( /i h,n) 

Ca 

(2.11) 

= convective heat transfer coefficient (W/m2oC) 

c
0 

= specific heat of moist air (J/kg°C) 

!ih'" = mean enthalpy difference between the entering air and 

saturated air at the coil surface temperature (J/kg) 

This may not be valid under frosting conditions, as the Lewis relationship may not 

be accurate. 

Goldstein (1983) gave a mathematical analysis of a heat exchanger, operating under 

either dry or condensing conditions. The analysis is based on equating the 

refrigerant-side and air-side heat transfer capacities. The analysis did not allow for 

any frosting. 

Sanders (1974), and Kondepudi and O'Neal (1989) used an enthalpy driving force 

rather than a temperature driving force, with an energy transfer coefficient in place 

of an overall heat transfer coefficient. The energy transfer coefficient was described 
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by: 

Ca q> I u,. =----
(LMED) A 

(2.12) 

where: LMED = log mean enthalpy difference (J/kg) 

U,. = energy transfer coefficient (W/m2oC) 

The difficulty with this approach is that the LMED requires the enthalpies of both 

air and refrigerant. In practice combining these two is somewhat difficult, as 

different datums are used. This is overcome by assuming the refrigerant enthalpy to 

be that of saturated air at the refrigerant temperature. Thus the LMED is defined as: 

where: 

LMED 
= (hao11 - hro,,) - (hoof! - hru) 

h - h 
0011 rouJ ln 

h - h . a off n11 

h
0 011 = enthalpy of air entering coil (J/kg) 

h0 off = enthalpy of air leaving coil (J/kg) 

hrui = enthalpy of refrigerant entering coil (J/kg) 

hr 0"' = enthalpy of refrigerant leaving coil (J/kg) 

(2.13) 

This is similar to Equation (2.11 ), but is not limited by the determination of U,. 

through the Lewis relationship. · 

Cornelius (1991) and Cleland and Cleland (1992) all ignored the change in coil 

performance as frosting occ'ured, but gave equations to predict the T:S ratio (or SHR), 

from air-on and refrigerant evaporation temperature. In this way sensible heat 

transfer rates could be adjusted to take account of the latent heat transfer component. 

No experimental validation of the equations was reported. 
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2.6.2 Types of Frost Models 

Many researchers have observed that frost properties and their effect on heat transfer 

performance changes significantly with coil operating conditions. Smith (1989) 

proposed the concept of "unfavourable" frost formation to describe why differences 

in frost properties are observed. It was suggested that unfavourable frost formation 

occurs when the line representing the temperature and humidity of the air passing 

through the coil, crosses the saturation line of the psychrometric chart (Figure 2.1). 

Under these conditions (high RH0 ,., low SHR, high temperature difference), it is 

suggested that airborne ice-crystal precipitation will occur, and the frost will be of 

particularly low density. This would both insulate the coil surface and reduce airflow 

at a much greater rate than under favourable frost formation conditions. 

Figure 2.1 

Saturation Line 
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::r: 

Temperature (°C) 

Psychrometric chart showing concept of favourable and 

unfavourable frost formation for air cooling coils. 
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2.6.3 Overall Performance Models 

Hosoda and Uzuhashi (1967) developed a number of empirical equations for frost 

properties and coil performance, based on their experimental results for flat plates 

and coils (Section 2.5.2). They gave relationships for frost density, thermal 

. conductivity, the surface heat transfer coefficient of the frost, an overall heat transfer 

coefficient of frost on a finned coil, and the pressure drop for the coil. The overall 

heat transfer coefficient was determined from the maximum air velocity between the 

fins. They found overall heat transfer performance with frost formation to be greater 

than dry coil performance, until a frost thickness of approximately 2 mm had formed. 

Sanders (1974) performed an analytical study of finned tube heat exchangers under 

frosting conditions. The study began with a fundamental investigation into frost 

formation and growth, using the enthalpy potential and a modified Lewis relationship. 

A relationship for frosted fin efficiency was developed, that showed fin efficiency to 

increase with increasing frost thickness. The coil was divided into several "transfer 

elements", which were assumed to be homogeneous in nature. The heat transfer to 

an "element" was calculated, using dry heat transfer coefficients for the air-to-fin, and 

various geometric factors which take into account the changing shape of the coil as . 
frost forms. Equations from the resulting integration over the entire coil, for two 

different coil geometries, were used to predict capacity against time for various 

operating conditions. These showed cooling capacity and air flow to fall as frost 

accumulates on the coil. The model was not designed to be extremely accurate itself, 

but rather to show trends under various coil configurations and environmental 

conditions. Sanders notes that for greater model accuracy, more accurate surface heat 

transfer coefficients and frost properties are required. 

Kondepudi and O'Neal (1993a, 1993b) developed a model to predict the performance 

of finned tube heat exchangers under frosting conditions. The quasi-steady state 

model was divided into two components, prediction of the frost layer deposition and 

properties, and the heat exchanger performance. The frost deposition rate was 
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determined from the loss of air humidity. Water vapour was assumed to increase 

both frost height and density. Frost porosity was estimated, from which an empirical 

method was used to calculate the diffusion coefficient of vapour in frost. Frost 

density and thermal conductivity were then calculated. An overall energy transfer 

coefficient was used to measure the heat exchanger performance, as in Equation 

(2.12). A measure of the frost layer heat transfer was incorporated in the air-side 

heat transfer coefficient. The refrigerant enthalpy was approximated by the enthalpy 

of saturated air at the refrigerant temperature. The air-side heat transfer coefficient 

was estimated by the Gray and Webb (1986) expression for flat finned coils. 

The model was used to show trends of various parameters of frosted coil operation, 

such as frost growth, energy transfer coefficient, and pressure drop, against time. 

Experimental data was generally within 15-20% of predicted values, and showed 

similar trends to that reported elsewhere in the literature. Discrepancies were 

attributed to errors in air-side heat transfer coefficient prediction and frost properties 

estimations. 
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3 RESEARCH OBJECTIVES 

Whilst frosting on coils is influential on performance, there is comparatively little 

information available on the performance of finned tube heat exchangers under 

frosting conditions (O'Neal and Tree, 1985). A substantial a.mount of work has been 

done on frost properties and growth, but mainly for simpler geometries such as tubes, 

annuli, and plates. This paucity of information has been attributed to complex 

geometries and the large number of variables that can affect performance, 

compounded with extremely complex frosting models (Kondepudi and O'Neal, 1987). 

The work on frosting of finned tube heat exchangers has been mainly experimental 

in nature. Most experimental investigations into frosted cooling coil performance 

have been performed with constant air flowrate, and lower relative humidities (high 

sensible heat ratio). These conditions are not representative of the conditions under 

which coils are usually operated in industry. In many refrigeration applications fan 

speed is uncontrolled, and air flowrate is determined by the pressure drops in the 

system. As frosting occurs the extra pressure drop results in a decline in flowrate. 

Additionally, in many applications, coils are located in areas that can experience 

particularly low local SHR, e.g. near doors. Kondepudi and O'Neal (1993a, 1993b) 

give one of the only comprehensive model of a finned tube heat exchanger under 

frosting conditions, showing performance trends, as frost grows on the coil surface. 

According to the theory of favourable and unfavourable frost formation proposed by 

Smith (1989), unfavourable frost would form when the line representing the air 

conditions on a psychrometric chart, crosses the saturation line. Under these 

conditions (high RH011 , low SHR, high TD), it is suggested that airborne ice-crystal 

precipitation will occur, and the frost will be of particularly low density. This would 

both insulate the coil surf ace and reduce airflow at a much greater rate than under 

favourable conditions. Much of the previous experimental work appears to have been 

performed within the favourable frost formation region, avoiding such problems. 
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The objectives of this research were to: 

(a) Measure frosted cooling coil performance under conditions similar to 

those encountered in industry, with declining air velocity, and a range 

of humidities and sensible heat ratios (including those potentially 

leading to unfavourable frost formation). 

(b) Identify and quantify the effect of parameters affecting frosted coil 

performance under such conditions. 

(c) Assess the validity of Smith's theory of favourable and unfavourable 

frost formation. 

(d) If appropriate, test Smith's theory for the prediction of a transition 

condition between favourable and unfavourable frost formation. 
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4 EXPERIMENTAL DATA COLLECTION 

4.1 COIL PERFORMANCE TEST FACILITY 

4.1.1 General Description 

Coil heat transfer performance was measured in a calorimeter style test facility, 

similar to that suggested in the ASHRAE and Dutch standards (ASHRAE Standard 

25-77, Netherlands Standard NEN 1876). The major difference was that the facility 

was designed to operate in a manner more consistent with industrial operation of 

cooling coils. This involved the heat load being held constant, whilst the refrigerant 

temperature was modulated to maintain a constant air-on temperature. Coil 

performance was quantified by energy balances as in the standards (ASHRAE 

Standard 25-77, Netherlands Standard NEN 1876). The test facility allowed both 

heat input and removal rates to be accurately measured and controlled. A schematic 

diagram of the test facility is shown in Figure 4.1. 

The facility was 2.4 m high, 2.7 m wide, and 4.2 m long, constructed of 150 mm 

polystyrene sandwich panel. The test coil was centrally mounted, suspended from 

the ceiling. The air-on and air-off sides of the facility were separated by a wooden 

divider. A dcy heat addition system (dry heater) and a wet heat addition system 

(humidifier) were located in a 1.27 m by 0.76 m air transfer tunnel passing through 

the divider. 

The dry heater consisted of a bank of nine electrical resistance heating elements 

ranging from 0.5 to 2.0 kW in size, of which any combination could be used. The 

humidifier consists of an insulated, electrically heated, boiling water bath, located 

under the facility. A sparge pipe connected the water bath to the facility, and entered 

the facility upstream of the dcy heaters. A butterfly valve enabled the generated 

steam to either enter the facility, or be vented to ambient. Power input to the 

humidifier could be varied, to alter the steam entry rate. Humidifier water level was 

kept constant, by use of gravity feed from an external water tank. 
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The coil was connected to a standard single stage refrigeration plant, with a water 

cooled condenser/receiver, operating with refrigerant HCFC-22. The nominal 

capacity of the plant was approximately 15 kW at -6°C suction temperature, and 

30°C discharge cooling temperature. The compressor was operated continuously. 

A Danfoss KVQ electronic evaporation pressure regulating (EPR) valve controlled 

both the capacity of the compressor, and the coil air-on temperature to the set point 

to the desired set-point. Liquid refrigerant feed to the coil was controlled by a 

thermostatic expansion valve. The expansion valve was adjusted to the minimum 

superheat that gave stable operation. 

4.1.2 Coil Description 

The test coil used was a typical commercially available direct expansion model, with 

the following characteristics: 

Coil Block Dimensions 

Tubes 

Circuiting 

Fins 

Fans 

Expansion Valve 

1.450 m long, 0.685 m high, 0.131 m deep. 

5/8" copper (14.4 mm ID, 16.2 mm OD), triangular 

pitch, 21.9 mm between centres, 18 rows high, 4 rows 

deep. 

6 circuits of 12 tubes, counter-current to air flow. 

aluminium, wavy shaped, 0.254 mm thick, 157 

fins/metre (4 fpi). 

2 induced draught Ziel-Abegg SC050.VDQ.4F.5 

( operating on low speed). 

Danfoss 1EX2, orifice number 4. 

For all experimental work except five trials (trial numbers 3, 4, 9, 10, and 11) the 

coil did not have a suction line heat exchanger. For these trials, a suction line heat 

exchanger was added, with the expansion valve bulb placed approximately 1.5 m 

down-stream of the heat exchanger to maintain stable operation. The heat exchanger 

was added for performance testing purposes, and resulted in a marginal drop in 

suction temperature (less than 5%) compared to similar trials without the heat 
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exchanger. 

4.1.3 Measurement Systems 

The facility was extensively monitored via a computer based electronic data logging 

system. Air temperature, humidity, and flowrate; refrigerant temperature, pressure, 

and flowrate; heat inputs to the dry heaters, humidifier, and fans; and condenser 

water flowrates and temperatures were all measured. 

Air, Water, and Refrigerant Temperatures 

Air, water, and refrigerant temperature measurement was accomplished with a 

combination of copper-constantan (type T) thermocouples (with an ice-point reference 

junction) and PTIOO resistance probes. All temperature sensors were covered in 

shiny aluminium foil to minimise radiation effects. Air-on and air-off temperatures 

were based on the average of a grid of 6 sensors on each side of the coil, and 3 

randomly placed in each section. Air-off temperature was measured on the exit side 

of the fans. As shown in Figure 4.1, refrigerant temperature measurement locations 

. included: condenser inlet, Trci; condenser outlet, Trco; immediately before the 

expansion valve, T rvi; and on three circuits of the coil, at the inlet, Trei• circuit mid 

point, Trun• and coil outlet before the EPR valve, where T,eo was taken. Probes 

measuring refrigerant temperature were attached to the appropriate pipe with heat 

sink material between the ·. sensor and the pipe. The pipe and sensor were then 

insulated from the ambient conditions with either 25mm foam insulation or a cork 

based insulation tape. Outside ambient temperature (T mJ and condenser water inlet 

and outlet temperatures (Twci and T wco) were also measured. All temperature sensors 

were calibrated using an ice-point, with accuracy estimated to be ±0.25°C. 

Air Humidity 

Air-on dewpoint temperature (T dpo,J was measured with a Michell Series 3000 cooled 

mirror dewpoint meter. The dewpoint meter was inherently accurate, being based on 
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temperature measurement, and factory calibrated. to a UK standard. The meter self­

calibrated at start-up and every 2 hours, to compensate for any dust or dirt on the 

mirror. The stated accuracy for the dewpoint meter was ±0.3°C. The air-off 

humidity (H011) was measured with two Vaisala HMP 113Y capacitance type sensors, 

accurate to ±2% below 80% relative humidity and ±3% above 80% relative humidity, 

when calibrated. against salt solutions. The Vaisala probes were calibrated every 4 

to 6 weeks against reference saturated. salt solutions. The salt solutions used were 

NaCl, 75.45 ±0.14% RH at 20°C, and KN03, 94.62 ±0.66% RH at 20°C (Greenspan, 

1976). 

Refrigerant Pressures 

Refrigerant pressures throughout the refrigeration system, were measured. with 

Danfoss EMP2 pressure transducers. The six measurement locations, shown in 

Figure 4.1, were: the condenser outlet, Prco; immediately before the expansion valve, 

P nii; between the expansion valve and the distributer, Prvo; the coil inlet at the 

beginning of a circuit, Prei; coil outlet before the back pressure valve, Pre0 ; and after 

the back pressure valve, P ,...,,. In addition, the compressor discharge pressure was 

measured. manually from the gauge at the compressor. The pressure sensor between 

the expansion valve and the dis~buter became redundant, for those trials with the 

suction line heat exchanger added. The position of the expansion valve was altered 

to accommodate the addition of the heat exchanger. Pressures on the low pressure 

side of the refrigerant circµit were measured with transducers with a -1 to 5 bar 

range, while on the high pressure side O to 16 bar transducers were used. Pressure 

accuracy was ±1 % of full scale output (±0.06 bar for low pressure, and ±0.16 bar for 

the high pressure side). Factory calibration was performed prior to commissioning. 

Comparison of readings with the system at steady state during off periods, showed 

disagreement between the transducers of less than ±0.1 bar. 

Refrigerant F1owrate 

Refrigerant mass flow rate was measured with a Danfoss MASSFLO flowmeter, type 
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MASS 1100. This was installed in the liquid line between the condenser and the 

expansion valve. A small water cooled refrigerant subcooler was located before the 

mass flowmeter to ensured flashing of the liquid refrigerant in the flow meter did not 

occur. The output of the flowmeter was zeroed when refrigerant was bypassing the 

meter (i.e. no flow through the meter). Refrigerant flow measurement was only 

started (by closing the bypass) once operation of the refrigeration system was stable. 

Accuracy of the flowmeter was specified at ±1 % of the measured value. Calibration 

of the meter was also checked with a heat balance over the condenser (Section 5.4). 

Power Inputs 

The line voltage (V), and the current (/) drawn by each of the fans, dry heater and 

humidifier were measured. The line voltage was measured using a line voltage 

transformer. The humidifier and fan current was measured using a Radio Spares 

current transducer, using Hall effect IC and giving an RMS output. The dry heating 

element current measurement was made with a wire current shunt circuit, built by the 

Department of Process and Environmental Technology at Massey University. Due 

to the inductive nature of the fan load, a single measurement of the phase angle 

difference between current and voltage (PF) was also taken. This test measurement 

was made with a Dranetz 8000, from GTS Nilsens instruments. 

Data Logging 

Most of the above sensors had electronic outputs and were monitored and logged on 

a PC based data logging system. All the PT 100, current and voltage sensors, 

humidity probes, and refrigerant massflow signals were connected to an Analog 

Devices 5B02 analog board. Appropriate SB Analog Devices modules converted 

incoming signals to a -5 to +5 output voltage. This voltage was then converted on 

an RTI-820 analog-to-digital conversion board. The output from this was then 

monitored and logged using the FIX software package (Intellution Inc, 1988). The 

thermocouples were connected to an Analog Devices STB-TC board, before going 

to the RTI board with the other signals. Data were logged at 6 second intervals. 
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Air Flowrate 

A thin wire mesh screen (mesh number 16), covered the discharge end of the air 

transfer tunnel to improve uniformity of air velocity distribution for air flowrate 

measurement. At the start of each trial, an initial air flowrate measurement, Q0, was 

taken as the average of 28 air velocity measurements taken in a regular 7 by 4 grid 

pattern over the mesh screen at the end of the air transfer tunnel, at the start of each 

trial. Changes in a single representative air velocity measurement, v, taken at a point 

above the mesh were used to scale the initial air flowrate measurement, Q0, to give 

the instantaneous flowrate (Q). This system meant that the air velocity could be 

measured without entering, or disturbing, the operation of the test facility after frost 

formation had commenced. All velocities were measured using a Testovent 4000 

vane anemometer, accurate to ±0.1 m/s, in the range of 0.4 to 40 m/s. Calibration 

was also checked against a hot wire anemometer, known to be calibrated to ±0.1 m/s, 

in the range of O to 5 rn/s. In practice, the accuracy of the measured air flowrate is 

somewhat less that the accuracy of these instruments, due to non-uniformity of the 

air flow, with respect to both time and position. The accuracy was assessed as being 

of the order of ±20% at the worst case conditions (high relative humidity, low SHR, 

and low air velocities). 

Water Flowrate 

Condenser water flowrate was measured manually, by timed mass collection from the 

condenser water outlet. The mass of water in the humidifier feed tank, was also 

periodically weighed to give a measure of the rate of water input to the test facility. 
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4.2 EXPERIMENTAL PROCEDURE 

4.2.1 Initial Setup and Dry Performance 

Before each trial began, the humidifier was bought up to temperature with the 

humidifier steam being vented to ambient. The facility was started and pulled down 

to the set-point air-on temperature, without any heat addition. The initial air flowrate 

measurement, Q0, was then made. 

The dry heaters were then started. Once conditions had stabilised, an initial coil 

performance measurement was taken, using data averaged over a ten minute period, 

with a dry heater input of 7.2 kW. Humidifier steam was still being vented to 

ambient. This initial dry performance was used as a reference for the frosted coil 

performance. 

4.2.2 Frosted Coil Performance 

After the initial dry coil performance measurement, the electrical inputs to the dry 

heater and humidifier were then reset to give the desired sensible heat ratio, SHR, 

and total heat load, <I> I' taking ingress and fan heat inputs into account. Steam . 
addition was initiated by opening the butterfly valve in the sparge pipe from the 

humidifier, and sealing the vent to ambient 1broughout each trial manual 

measurements of the comp~essor discharge, humidifier feed tank mass, condenser 

water flow, and relative air velocity were taken, at approximately 10 to 20 minute 

intervals. Air flowrate was calculated using the initial flowrate, Q0, scaled against 

the relative velocity measurements, v/v0• 

At regular intervals the instantaneous coil performance was measured, using data 

averaged over a three minute period. During each trial between six and ten such 

measurements were taken, every 20 to 40 minutes. A trial concluded once a 

predetermined amount of water had been added to the facility, or the air flowrate had 

declined to less than 40% of the initial value, Q0• 
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4.3 EXPERIMENT AL TRIALS 

A number of experimental trials were required to develop appropriate experimental 

procedures. Sixteen trials were performed with dry heat addition only, to develop 

and test the measurement systems and testing procedures. A further 40 dry only heat 

addition trials were conducted to test the coil performance over a range of heat loads 

and temperatures. The results of these enabled a correlation for the refrigerant -side 

heat transfer coefficient to be developed. The data was also required by the 

sponsoring organisations but were not directly relevant to this frosting study, and are 

therefore not reported. 

Further trials were required to develop the control and measurement systems for the 

moisture addition system and experimental protocol for wet heat addition trials. A 

total of 30 such trials were conducted, over a range of temperatures. Once the 

procedure and measurement system bade been refined sufficiently that collection of 

reliable data was possible, a full set of 16 long term trials with frosting were 

performed. This included replicate runs to judge repeatability. A summary of the 

test conditions used in these later trials are shown in Table 4.1. All of these trials 

were performed with a nominal air-on temperature, T011, setpoint of 0°C. Heat inputs 

were held constant so that heat loads were between 6.5 kW and 10.0 kW (including 

ingress and fan power), and the SHR was between 0.54 and 0.84. 

For trials 7, 12, 14, 15, and 16, after the period of constant low SHR, the steam 

addition was terminated, and the facility was operated for a further 50-60 minutes 

with only the dry heater operating. Instantaneous coil performance was then 

remeasured. 

Five additional trials were performed with a nominal air-on temperature set point of -

20°C, but encountered serious technical difficulties. Frosting and snow formation 

inside the test room occurred (mainly on the mesh at the end of the air transfer 

tunnel). This resulted in air flow measurement being extremely inaccurate, which 

lead to inaccurate mass balances across the coil. Solutions to these problems would 
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have required further significant capital investment in the test facility, which was 

beyond the scope of this study. Thus a detailed analysis of frosting temperatures 

below 0°C was not attempted. 

4.3.1 Experimental Accuracy 

During any trial, T
0
,. varied by less than ±0.2°C from its mean, and relative 

humidities, RH
0

,. and RHo/ft were both stable, varying by less than ±2%. Refrigerant 

superheat was typically 5-7°C at the start of a trial, and increased slightly as the trial 

progressed. The initial coil performance, UA 0, varied by less than ±10% between 

trials. 
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Table 4.1 Experimental conditions for coil performance nials under frosting 

conditions 

Trial To,. RHO,. SHR q> t Trial To,. RHO,. SHR 

(°C) (%) (kW) (°C) (%) 

1 -0.2 68 0.84 8.1 9 -0.6 78 0.70 

2 -0.4 68 0.83 7.9 10 -0.4 81 0.70 

3 -1.6 72 0.78 8.5 11 -1.4 87 0.70 

4 -0.8 83 0.71 6.7 12 -0.7 89 0.63 

5 -1.6 82 0.71 6.5 13 -1.8 87 0.62 

6 -0.3 82 0.71 6.5 14 -0.1 87 0.58 

7 0.0 76 0.70 9.8 15 0.1 93 0.54 

8 0.2 77 0.70 9.9 16 0.2 93 0.54 

q> t 

(kW) 

9.2 

9.8 

8.6 

7.9 

7.6 

8.3 

9.3 

9.3 
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S DATA ANALYSIS 

5.1 DATA ACQUISITION AND VALIDATION 

Data for each period of interest in a trial was logged using the FIX software, then 

transferred to a spreadsheet for analysis. Except for the initial dry performance, 

which was averaged over 10 minutes, each estimate of performance was based on the 

data averaged over a 3 minute period. For each of the logged data variables, the 

mean, minimum, maximum values, and standard deviation were calculated. These 

were individually checked, and any anomalies were investigated. In some cases not 

all the data were successfully down-loaded, or extreme outlier's were recorded. If 

considered justifiable, such outlying points were deleted from the data set. A 

detailed description of the calculations performed by the spreadsheet follow. A full 

example of the output for trial 2 after 346 minutes is given in Appendix A.2. 

5.2 QUANTIFICATION OF COIL PERFORMANCE 

In each trial, the total heat input to the facility, and sensible heat ratio, were held 

constant. The refrigerant evaporation temperature was automatically modulated by 

the evaporator back pressure valve, to maintain the desired air-on temperature, as the 

coil performance deteriorated with frosting. A parameter to measure the 

instantaneous coil performance was required that changed with frost accumulation, 

was independent of air to refrigerant temperature difference, and was equally 

applicable to trials of different sensible heat ratios, and therefore air-on relative 

humidity values, and total heat loads. 

The parameter chosen to best meet these criteria was the coil's sensible capacity 

rating, UA: 



where: <I> z 

To,. 

Toff 

T,e . 

TD'" 

UA 

UA = <Pz 
TD'" 

TD = 
'" (T

0
,. - T) 1n ___ _ 

(T
0
ff - T) 

= sensible heat input (W) 

= air-on temperature (°C) 

= air-off temperature (°C) 

= refrigerant evaporation temperature (°C) 

= mean temperature difference (°C) 

= instantaneous coil sensible capacity rating (W 1°C) 
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(5.1) 

(5.2) 

As discussed in Chapter 2, a number of alternative performance definitions are 

available, but not all were relevant to the way in which the trial were performed. For 

example, the Dutch coil testing standard used an average performance until frost 

reduces performance to 85% of the initial performance, and also considers defrost. 

The overall enthalpy performance coefficient, defined in terms of enthalpy 

differences, used by Kondepudi and O'Neal (1989), requires either an estimate of coil 

surface temperature, or assumes , that the saturated air enthalpy at the refrigerant 

temperature can be used. The use of UA is consistent with industrial practice, where 

generally only the sensible heat performance is considered in detail. Thus, use of the 

enthalpy coefficient could not be justified, unless use of the simpler sensible heat 

rating proved unsatisfactory. 

Refrigerant-side pressure drop and superheat effects on TD'" were ignored, which is 

consistent with normal commercial coil rating practice. Hence, T,e was taken as the 

saturated evaporation temperature corresponding to the coil exit refrigerant pressure, 

Due to the fans being an integral part of the evaporator, the measured air-off 
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temperature, Toff meas , was taken after the fans. Measured values were adjusted to 

allow for heating of the air, as the air passed through the fans, using: 

where: 

T = T -
<l>1 0.5 

off off nuas _Q_p_c_ 
0 0 

= total fan heat input (W) 

= air flowrate (m3 /s) 

= air density (kg/m3
) 

C0 = specific heat capacity of air {J/kg °C) 

T0ff nuas = measured air-off temperature (°C) 

(5.3) 

This assumes that the air temperature change across the fans corresponds to an 

arbitrarily assessed, 50% instantaneous conversion of the fan energy input, to heat. 

To allow comparison of performance deterioration with different sensible heat loads 

and fan speeds, the UA values were normalised on a O to 1 scale, by dividing the 

instantaneous UA value by the UA measured for the dry heat only period, at the start 

of each trial (UA0). The change in air flowrate through the coil was normalised in 

a similar manner: 

where: 

and Q 
Qo 

(5.4) 

U A0 = coil sensible capacity rating at the start of a trial (W /° C) 

Q0 = initial air flow rate through the coil (m3/s) 

For trial 16 the initial heat load for the dry only reference was not 7.2 kW, as in the 

other trials. Therefore the mean U A0 value for all the other trials was used as the 

UA0 for trial 16, so that it could be compared to the other trials on the same basis. 
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5.3 SENSIBLE HEAT LOAD 

A value of q>., is required to estimate UA in Equation (5.1). Two alternative estimates 

were considered: based on the change in air temperature through the coil, or based 

on the sensible heat inputs entering the test facility. The sensible heat loss from the 

air passing through the coil, is given by: 

A. =Qpc(T -T) 'I' as a a 011 ofF 
(5.5) 

The sensible heat inputs to the facility are given by: 

<l> ... = <l>d + <l>1 + <l>.1as + a <l>am (5.6) 

where: q> as = air -side sensible heat load (W) 

<l> i.r = sensible only heat inputs (W) 

<l>d = dry heater input (W) 

<l>1 = fan heat input (W) 

<l> .lis = sensible humidifier heat input (W) 

q> am = heat ingress from ambient (W) 

a. = fraction of ingress load that is sensible 

It was assumed that <l>d was sensible only, and was taken as the electrical power 

supplied to the heater elements: 

(5.7) 

where: Id = current drawn by the dry heaters (A) 

Vd = dry heater power supply voltage (V) 

4>1 was taken as the total power input to the fans, being sensible only, and included 

a power factor correction, due to the inductive nature of the fans: 

(5.8) . 



where: = current drawn by the fans (A) 

= fan supply voltage (V) 

= power factor 

PF was measured to be 0.90. 
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<I> 1i.s is the sensible component of the humidifier heat addition. Although the 

humidifier contributes mainly a latent load, a small fraction is sensible due to the 

cooling of the injected steam from the humidifier water temperature, Tw,., to the coil 

air-on temperature, T0". Therefore: 

.+. = m c (T - T ) 'I' hs wh wv wh o,i 
(5.9) 

where: m,,,. = mass flowrate of water vapour into the test facility (kg/s) 

cwv = specific heat capacity of water vapour (J/kg °C) 

Tw,. = humidifier water temperature (°C) 

The rate of water vapour addition to the test facility, by the humidifier, m,,,., was 

estimated from the electrical power supplied to the humidifier, subtracting heat losses 

to ambient, and energy required to heat the feed water to the humidifier temperature; 

(5.10) 

where: cw,. = s~ific heat of water in humidifier (J/kg °C) 

M1g = latent heat of evaporation (J/kg) 

I,. = current drawn by the humidifier (A) 

k,oss = heat loss factor from humidifier (W 1°C) 

Tam = ambient air temperature (°C) 

V,. = humidifier supply voltage (V) 

This relationship assumes that heat transfer by conduction through the sparge pipe 

connecting the humidifier to the facility is negligible, that the enthalpy of superheated 
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steam is the same as the enthalpy of saturated steam at the same temperature 

(Stoecker and Jones, 1982), and that the sensible heat effects of frost on the coil are 

negligible. The heat loss factor, k1oss, was estimated to be 2.5 CWl°C). 

(j> am is the heat ingress from the ambient air, through the insulated. walls, and through 

the door seals. It was estimated. from measurements of Tam• T011 , and T01/t using: 

where: 

"' = 0.22 E [ A (T - T ) + A .n (T - T,n)] 'I' am am 011 am 011 am OJJ am OJJ 

Aam 011 = air-on side room surf ace area (m2
) 

Aam off = air-off side room surface area (m2
) 

E = insulation effectiveness 

(5.11) 

For this calculation the facility was divided into two halves. The heat flow was then 

based on the temperature difference between ambient and either the air-on or air-off 

temperature. It was assumed that the insulation was the controlling heat transfer 

resistance, which had an estimated thermal conductivity of 0.033 W/m °C. An 

insulation effectiveness factor, E, to allow for leaky seals, air leakage, and air 

penetrations through the insulation, was included.. E was estimated to be 1.75, which 

gave good heat balances for the earlier trials, under dry heat load conditions. 

The fraction of ambient ingress load that is sensible, a, was assumed to be 0.9; 

accurate data was not essential, as sensitivity of results to a was low. 

Of the two alternatives, <l> ;s was chosen as the best estimate of cp 
1

, because of the 

large uncertainty associated with measuring air flowrate, Q, and the uncertainty in 

accurately measuring the change in air temperature across the coil. 

5.4 SENSIBLE HEAT RATIO AND TOTAL HEAT LOAD 

The sensible heat ratio, SHR, is a key parameter in the analysis of coil performance. 

It is defined as: 



where: 

SHR = <l>s 

<Pi 

<I>, = total heat load (W) 

SHR = sensible heat ratio 
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(5.12) 

Estimation of SHR required quantification of the total heat load. <I>, could be 

estimated in three ways; from a refrigerant side heat balance, from measurement of 

total heat additions to the test facility, or from the change in air temperature and 

humidity through the coil. 

Refrigerant Side Heat Balance 

The refrigerant side energy balance across the coil was based on the enthalpy change 

to the refrigerant, between the coil inlet and outlet: 

.+. =m(h -h) '+' rt r reo rei 
(5.13) 

where: = refrigerant-side total heat flow _(W) 

h,eo = refrigerant enthalpy at coil outlet (J/kg) 

h,e; = refrigerant enthalpy at coil inlet (J/kg) 

mr = refrigerant mass flowrate (kg/s) 

Refrigerant enthalpies, hr,o and hra, were determined from measurements of Treo and 

Prea, and Trci and Pra' respectively, using the relationships given in Section 5.6. The 

values of hrci and hreo are likely to be accurate, as they not particularly sensitive to 

pressure measurement imprecision, and temperature measurements were considered 

accurate. 

The measurement of refrigerant flowrate, m~ was proven accurate through a heat 

balance over the refrigeration system at the condenser, between the cooling water and 

the refrigerant. The heat gained by the water in the condenser was calculated by: 



"' = m c (T - T .) '+' we we w wco wci 

where: = condenser water heat flow (W) 

cw = specific heat capacity of water (J/kg °C) 

~c = condenser water flowrate (kg/s) 

T wco = condenser water outlet temperature (°C) 

T wci = condenser water inlet temperature (°C) 
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(5.14) 

cw was taken from steam tables (Cooper and Le Fevre, 1986), for the water 

temperature range in the condenser. The water flowrate was calculated from an 

average of 3-5 timed samples, collected at the condenser outlet. The more variation 

in the mass of water collected, the more samples were taken, until at least three 

readings agreed within 5%. 

The heat lost from the refrigerant passing through the condenser was calculated from 

the change in enthalpy of the refrigerant, as it passed through the condenser; 

"' = m (h - h ) 't' re r rci rco 
(5.15) 

where: <)> re = refrigerant-side condenser heat flow (W) 

hrci = refrigerant enthalpy at condenser inlet (J/kg) 

hrco = refrigerant enthalpy at condenser outlet (J/kg) 

The refrigerant enthalpies were estimated from the curve fit equations, as specified 

in Section 5.6, based on measurements of refrigerant pressure and temperature at the 

condenser inlet and outlet Heat losses from the condenser to ambient were 

estimated using a well known relationship for natural convection given by Coulson 

and Richardson (1977). These· losses were found to be insignificant and were not 

included in the heat balance. 

The difference between cl>wc and cl>rc was less than 5% in all cases, indicating that mr 

measurement was probably accurate to better than ±3%. Thus Equation (5.13) was 
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considered accurate overall. 

Heat Inputs to the Test Facility 

The second method of calculating cl>, was by summing the rates of heat addition to 

the test facility: 

(5.16) 

where: = total input heat load (W) 

cj>,. = net heat input to the humidifier (W) 

q>,. was taken as the electrical load on the humidifier, adjusted for losses to 

ambient: 

(5.17) 

Other load components have already been discussed. 

Air-Side Heat Balance 

Thirdly, q>, was calculated from the changes in air temperature and humidity, as the 

air passes through the coil: 

..t. = Q p c· (T - T ) + Q p llh (H - H ) 'I' oJ a a , a 011 off a a ig 011 off (5.18) 

where: llh;
1 

= latent heat of water from vapour to solid (J/kg) 

H011 = air-on absolute humidity (kg/kg) 

Hoff = air-off absolute humidity (kg/kg) 

H 011 and Hoff were estimated from measurements of T011, T off> air-on dew point, T dp 011, 

and RHof/' as shown in Section 5.7. 

The refrigerant side heat balance, 4>"' was used as the best estimate of cl>,, as it was 
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inherently the most accurate. The difference between <l>rr and <l>i, was always less thari 

10%. <I> 41 had poorer agreement with the other two estimates of <I>,, especially at 

lower SHR. This was attributed to measurement imprecision in Q and H0ff, in 

particular. 

5.5 FROST ACCUMULATION 

A measure of frost accumulation on the coil was required for comparison of the 

performance decline of the coil. The frost accumulated on the coil was taken as the 

amount of water added to the facility, assuming that all deposited water was on the 

coil surface. Two estimates were possible. Firstly, that based on the electrical heat 

input to the humidifier, subtracting losses and sensible heat effects, as given by 

Equation (5.10). Secondly, by the measured amount of water added from the 

external humidifier feed tank. The water addition rate from the external feed tank 

was calculated by averaging the change in mass of humidifier feed tank over the time 

interval between measurements. 

These alternate estimates agreed within ±5% for all trials. An example of the 

cumulative water addition given by both methods is shown in Figure 5.1. For some 

trials the cumulative amounts of water supplied by the two methods were 

significantly offset, but had · the same slope. The reason for this offset was 

discovered to be overfilling of the humidifier at the start of the trial. For this reason, 

and because it was automatically monitored, the first method of water vapour 

addition was used. 

The mass of condensate from the coil after defrosting was also collected, as an 

additional check on the frost accumulation. This was usually of the order of 60-70% 

of that added to the system. The difference was attributed to water evaporation 

during the relatively uncontrolled defrost at the end of each trial. This frost recovery 

was consistent with values reported by other workers in similar studies (Kondepudi 

and O'Neal, 1989). 



8 

,,-... 7 b.Q 
~ .._,, 
"'C 6 0 
"'C 
"'C 
~ 

I,., 5 0 .... 
~ 

~ 
4 0 

> 
·l:j 
~ - 3 ::, 

8 
::, 
u 2 

1 

0 
0 50 

D 

100 

Electrical 
measurement 

150 

--+--

200 250 
Time (minutes) 

Mass 
measurement · 

Figure 5.1 Cumulative water addition to the test facility. 

5.6 REFRIGERANT THERMODYNAMIC PROPERTIES 
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300 

The spreadsheet required a number of refrigerant thermcxlynamic properties to be 

estimated. The curve fit equations developed for HCFC-22 by Cleland (1986), based 

on the Chan and Haselden equations of state, were used. 

The refrigerant saturated evaporation, or condensation, temperature, T, sa1• was 

calculated by: 

-2025.4518 
T = ------ - 248.94 

rsa1 ln(P,-21.25384) 
(5.19) 



where: = refrigerant pressure (Pa) 

Tr sal = refrigerant saturation evaporation or condensation 

temperature (°C) 

Refrigerant liquid enthalpy, hr, was given by: 
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hr = 200 + 1.17036 T, + l.68674x 10-3 T/ + 5.2703x 10-6 T,3 (5.20) 

where: = liquid refrigerant temperature (°C) 

Calculation of the refrigerant vapour enthalpy is based on both the refrigerant 

saturated vapour temperature and the superheat of the vapour. 

h = (250.027 + 0.367265 T - 1.84133 x 10-3 T 2 
- l.14556x 10-5 T 3

) 
T Sal Sal Sal 

( 10-3 + 2.85446x 10-6 TSH + 4.01294x 10-10 Ts/ + l.33612x 10-s TSH Tsal -

8.11617xlO-ll Tsal Ts/ + 1.411941xl0-10 Tsal2 TSH -

9.53294x 10-13 Ts) Ts1/) + 155.487 (5.21) 

where: = refrigerant vapour superheat (°C) 

The refrigerant superheat is the difference between the measured refrigerant vapour 

temperature, and the saturated evaporation temperature of the refrigerant, taken at the 

refrigerant pressure, P,: 

(5.22) 

where: T, = refrigerant vapour temperature (°C) 

5.7 Am PSYCHROMETRIC PROPERTIES 

The psychrometric properties of air are required in a number of calculations. The 

following approximate relationships were used, and are based on the standard 

assumptions regarding the enthalpy of water vapour discussed by Stoecker and Jones 
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(1982). 

5.7.1 Relative and Absolute Humidity 

Absolute humidities were required in a number of energy and mass balances, whilst 

relative humidity was used for trial comparison pwposes. 

On the air-on side air dewpoint temperature was measured, whilst relative humidity 

was measured directly on the air-off side. The air dry bulb temperature was 

measured on both sides of the coil. The partial, and saturation, pressures of water 

vapour were then used to calculated the relative and absolute humidities of the air 

on both sides of the coil as appropriate, as shown below. 

The saturated partial pressure of water in air, (vapour pressure of water) was 

estimated by an Antoine equation, valid for air temperatures below 0°C: 

where: Pw 

[
28.7775 - 6071.67] p - exp 

w T + 271.511 
a 

= saturated partial pressure of water in air (Pa) 

Ta = air temperature (°C) 

(5.23) 

The relationships between vapour pressure of water, absolute humidity, and relative 

humidity, based on the perfect gas laws, are: 

where: H 

RH= 100 P,, 
Pw 

18 P,, 
H=-------

29 ( 101325 - p,,) 

= absolute humidity (kg/kg} 

p,, = partial pressure of water in air (Pa) 

(5.24) 

(5.25) 
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RH = relative humidity (%) 

The dew point is the temperature where p.., = Pw· Therefore, to find H0 n, air-on 

dewpoint, T Jpon• is used in Equation (5.24) to give p..,. which is then used in Equation 

(5.26). Pw is calculated using T0 n using Equation (5.26), with air-on relative humidity 

obtained from Equation (5.25), using p.., and Pw· 

For air-off absolute humidity, Hoff, Pw is estimated using Equation (5.24), which is 

used in Equation (5.25), with RH0fft to find p..,. Finally, p.., is then used in Equation 

(5.26) to calculate Hoff· 

5.7.5 Air Density 

The air density, p
0

, is based on the air-on temperature and humidity, and was 

estimated by: 

and 

where: 

V = H 

1 + H on 
Pa=---

0.08201 (273.15 + T
0
n) 

( 1/29 + H
0
,Jl8) 

= humid volume (m3/kg) 

5.8 OTHER PARAMETERS 

(5.26) 

(5.27) 

A number of other parameters were estimated, to enable a variety of other coil 

performance prediction methods to be assessed. 
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5.8.1 Coil Surface Temperature 

The coil surface temperature can be used in a number of calculations, including air 

enthalpy potential differences calculations. The coil surface temperature was 

estimated by a ratio of heat transfer coefficients: 

(5.28) 

where: = inside area of refrigerant tubes (m2
) 

A~ff = effective air-side area of the coil (m2
) 

hu 
O 

= air-side heat transfer coefficient (W /m2 °C) 

hu r = refrigerant side heat transfer coefficient (W/m2 °C) 

Tsurf = estimated coil surf ace temperature (°C) 

Correlations used to estimate hu rand hu 
O 

are given in Appendix A.2. The effective 

air-side area was calculated using; 

(5.29) 

where: AJ = fin surface area (m2
) 

A
0 

= outside area of refrigerant tubes (m2
) 

Tl = fin efficiency 

Fin efficiency was calculated using a program developed by Hine (1990), to be 0.83 

for the coil and the test conditions used in these trials. 

5.8.2 Total to Sensible Heat Ratio 

By definition the total to sensible heat ratio, T:S, is the inverse of the sensible heat 

ratio. The best estimate of T:S was that based on the SHR estimate from Equation 

(5.12): 



1 
T:S = -­

SHR 

51 

(5.30) 

A number of alternative estimates of the total to sensible heat ratio were also 

calculated. Firstly, based on air-on and air-off conditions: 

(5.31) 
c (T - T ) 

a 011 off 

Although accurate by definition, this was considered to be of dubious experimental 

accuracy, due to the likely imprecision of, and sensitivity to small changes m, 

measured humidity values. 

Secondly, T:S was calculated from measured heat input rates: 

T:S = <l>i, 

<l>i.r 

(5.32) 

The potential advantage of this method was that any systematic error in measured 

values would tend to cancel, and have less effect on the T:S ratio. 

Thirdly, if it is assumed that the air conditions follow a straight line on the 

psychrometric chart, from the air-on conditions, to the coil surface temperature at the 

saturation line, then the total to sensible ratio can be estimated from the air-on 

conditions, and the coil surface temperature and saturation humidity at that 

temperature (Cleland and Cleland, 1992). The surface temperature used was that 

estimated using Equation (5.28), and the saturation humidity was calculated using the 

at the surf ace temperature: 

where: 

h (H - H ) T: S = l + ii 011 1a1 1urf (5.33) 
C

4 
(T

0
,. - T lur/) 

= saturation air humidity, calculated at the coil surface 

temperature (kg/kg) 

T lur/ = coil surf ace temperature (°C) 
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Lastly, Cleland and Cleland (1992) suggest the following equation: 

6h. (H - H ) T: S = l + ig on re saJ (5.34) 
c (T - T ) 

o on re 

where Hre sa1 1s taken as the saturation humidity calculated at the refrigerant 

temperature. 

This assumes a straight line on the psychrometric chart, as in Equation (5.33), but 

uses Tre as an estimate of the surface temperature, as it is easier to determine in a 

given system. 
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6 RESULTS AND DISCUSSION 

6.1 PERFORMANCE DECLINE UNDER FROSTING CONDITIONS 

Table 4.1 gives the conditions for the 16 trials that were conducted. As defined in 

Section 5.2, the coil performance parameters of interest were the normalised sensible 

capacity rating UA/UA0 , and the normalised air flowrate Q/Q0• Figures 6.1 and 6.2 

show some examples of trends in UAIUA0 and Q /Q0 against time. These plots are 

consistentwith results observed by a number of other investigators with increased 

relative humidity (low SHR) resulting in faster performance decline with time 

(Ivanova and Gatchilov, 1977; Kondepudi and O'Neal, 1987; and Kondepudi and 

O'Neal, and 1989). However, with different rates of water addition (and hence frost 

accumulation) for different trials, it is difficult to compare the performance decline 

for an equivalent amount of frost accumulation. An alternative comparison of coil 

performance against total frost accumulation was therefore adopted. 

Figures 6.3 and 6.4 shows UA/UA0 and Q /Q0 as a function of accumulated frost, M1, 

for a number of the trials of various SHR' s. The drop off in air flowrate and coil 

performance, for the same amount of frost deposited, was greater at lower SHR. This 

is consistent with the theory proposed by Smith (1989), where it is proposed that the 

low SHR conditions give rise to frost that is less dense and less conductive, which 

would block the coil quicker, and reduce heat transfer faster for the same frost mass, 

than under higher SHR conditions. There does not appear to be a distinct transition 

from favourable to unfavourable conditions, but the coarseness of the divisions in 

SHR and trial to trial variability make precise identification of any such transition 

difficult. Of the trials undertaken, 1-3 appear to be under favourable frosting 

conditions, 12-16 unfavourable, and 4-11 transitional. 

Figures 6.5 to 6.9 show UA/UA0 and Q/Q0, as a function of accumulated frost, for 

all the replicate trials. There was reasonable agreement between replicate trials at 

higher SHR (trials 4-6 and 7-11), but poorer repeatability at lower SHR (trials 12-13 

and 15-16). Some of the variability is due to heat inputs not being exactly identical, 
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Figure 6.3 Normalised coil sensible capacity ratings and air flowrates as 

a function of total accumulated frost (frial numbers indicated). 

1.1-r-----------, 

1 
0 

~ 0.9 
--~ 0.8 

0.7 

0.6 

0.5 

0.4 

0.3 

o.2+--.----.--.----.---,---,-.--1 
O 2 4 6 8 10 12 14 16 

Accumulated frost (kg) 

0 

C)! --C)! 

1.1 

1 

0.9 

0.8 

0.7 

0.6 

0.5 

0.4 

0.3 

0.2 
0 2 4 6 8 10 12 14 16 

Accumulated frost (kg) 

Figure 6.4 Normalised coil sensible capacity ratings and air flowrates as 

a function of total accumulated frost (Trial numbers indicated). 



56 

but it was also observed that frosting was not always uniform across the coil for the 

low SHR trials. Smith (1989) suggested that at the lower SHR where unfavourable 

frost formation was likely to occur, ice crystallisation precipitation in the air was 

possible. This would result in a far more random frost accumulation process, giving 

more variable (as well as faster) performance decline. 

Figure 6.10 show UA/UA0 and Q/Q0 against accumulated frost for all the trials where 

coil operation was continued with high SHR after operation at low SHR. The 

observed recovery in air flowrate and coil performance appeared to be greater for the 

trials at lower SHR (where unfavourable frost formation is more likely) than for the 

higher SHR trial. The recovery may correspond to some remelting and consolidation 

of low density unfavourable frost into a higher density frost (more favourable). 

Figure 6.11 shows Q/Q0 against UA/UA0• As the air flowrate declines, so to does the 

heat transfer, as is reported in the literature (Stoecker, 1957; and Niederer, 1976). 

There appears to be two groups of data, giving slightly different relationships. One 

group are trials with higher <!>,, whilst the other trials have low <l>r The different 

relationship between Q/Q0 and UA/UA0 can be explained by the increase in the 

refrigerant-side heat transfer coefficient with increased total heat load. The different 

<I>, for the frosting part of the trial gives different refrigerant-side heat transfer 

coefficient, which leads to different overall UA values, and the two groups result. 

Previous work on coil performance with frosting has indicated an initial improvement 

in heat transfer followed by a decline (Stoecker, 1957; and Kondepudi and O'Neal, 

1987). No significant initial enhancement was observed. Either the period of 

enhancement finished before the first coil performance assessment, or the detrimental 

effects of frost accumulation quickly exceeded the beneficial effects. 
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6.2 DEFROST PRACTICE 

The possibility of both unfavourable frost formation under low SHR conditions and 

recovery of coil performance under high SHR conditions, have important implications 

for the design and operation of coils. 

If sustained operation for l_ow SHR conditions are expected (such as a fluidized bed 

pea freezer where product weight loss can typically be 4% at an air temperature of 

less than -30°C, and the transitional SHR is high), then special coil designs may be 

required to allow continued satisfactory coil performance without high defrost 

frequency (e.g. low TD, large or variable fin spacing). 

If low SHR conditions only occur for short periods (such as a coil situated near a 

coldstore door, during door openings) then rapid deterioration in coil performance 

may occur, but later recovery in performance may allow defrost to be delayed 

without undue loss of overall system performance. 
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However, if reasonably long periods of operation at low SHR are to followed by long 

periods at higher SHR (such as a beef chiller where evaporative weight loss is high 

initially but steadily reduces during the chill cycle), then the optimal time for defrost 

may be in the middle of the cycle when coil operation transitions from unfavourable 

to favourable frost formation conditions. Defrosting in this manner would not 

prolong coil operation with low efficiencies. 

6.3 RATE OF PERFORMANCE DETERIORATION DUE TO FROSTING 

A measure of deterioration was required to test the theory that the rate of 

performance deterioration will be dependent on SHR, as proposed by Smith (1989). 

That selected was the rate of change of normalised sensible heat transfer coefficient 

(UA/UA0) with respect to cumulative frost formation (M/ The plots of UA!UA0 

versus M1 were not linear as Figures 6.3 to 6.10 show. So the method used to 

determined the slope of the graph was kept simple. The rate of deterioration was 

defined as the difference between initial and final performance (excluding any final 

dry heating only test period), divided by the total mass of frost formed: 

where: 

R - - d (UA/UAO) ::= 

UA d M 
(6.1) 

RuA = 

UA!UA0= 

UA0 = 

f 

rate of heat transfer decline with frost acumulation 

(s/kg) 

. normalised coil sensible capacity rating 

initial coil sensible capacity (W fC) 

final measurement of coil sensible capacity rating 

(WfC) 

mass of frost accumulated on the coil (kg) 

total amount of frost added to coil (kg) 

In Figure 6.12 Ru.1. is plotted against SHR for all 16 trials. In Figure 6.13 the 

equivalent plot for air flowrate deterioration is shown, where Ra is defined as: 
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R - - d (Qf Qo) "'" Qo - Qfui 

Q d Ml Qo Mffui 
(6.2) 

= rate of air flowrate decline with frost accumulation (s/kg) 

QIQ0 = normalised air flowrate 

Q0 = initial air flowrate (m3/s) 

QfiMJ = final measured air flowrate (m3/s) 

Figure 6.14 shows the relationship between Ru.A and RQ. In spite of the crudity of the 

method used to determine Ru.A and RQ the plots show clear trends. 
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Considering Figure 6.12 first, there are two possible ways in which the plot can be 

interpreted. The first is that there is an approximately linear relationship with one 

outlying point, suggesting a gradual transition from low Rw, to high RuA., with 

decreasing SHR. The second interpretation is that there is non-linear behaviour as 

a result of a rapid transition from favourable to unfavourable frost formation. The 

relationship between RuA and SHR (commencing at SHR = 1.0 and moving left) is 

initially a horizontal line on the x axis (whilst coil surface temperature is above the 

air dewpoint temperature), then a line with low slope in the favourable frost region, 

followed by a sharply rising line through the transition region (SHR = 0. 7), and 

finally becoming a relatively flat line for well-developed unfavourable frost 

conditions (low SHR). 

Figure 6.13 appears significantly more linear. A high value of RQ implies that a 

kilogram of frost at that SHR is more restricting on air flow than a kilogram of frost 

at higher SHR. The trend indicates lower frost density at lower SHR, but there is no 

clear evidence of a sharp transition as SHR changes. Fig. 6.14 could be explained 

as either a smooth trend, or as a three part curve with low slope at low RQ, a steep 

transition, and then a low slope region at high RQ. 

6.4 PREDICTION OF TRANSITION BETWEEN TYPES OF FROST 
• 

FORMATION 

The fourth aim of the project was to attempt to quantify the transition from 

favourable to unfavourable frosting conditions. The theory of Smith (1989) suggests 

that the transition between favourable and unfavourable frost occurs when the line 

representing air conditions on the psychrometric chart is tangential to the saturation 

line, at the coil surface temperature. A line above the tangent, which crosses the 

saturation line, would be expected to give less dense, unfavourable frost formation, 

where it is proposed that ice crystal precipitation occurs in the air. A line 

representing the air conditions, passing through the coil, below the tangent would 

give denser frost, which would be more favourable to coil pexformance. These 

conditions are represented on the psychometric chart in Figure 2.1. Given any two 
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of: air-on temperature (T0 ,j, air-on humidity (H0 ,j, coil surface temperature (Ts), and 

SHR, it is possible to calculate the remaining conditions and determine the tangent 

to the saturation line. 

At the transitional SHR the tangent is given by: 

----- (6.3) 
T - T dT 

011 S 

where: = air-on absolute humidity (kg/kg) 

H...,s = saturation humidity of air at the coil surf ace temperature 

(kg/kg) 

T0 ,. = air-on temperature (°C) 

Ts = coil surf ace temperature (°C) 

The absolute humidity can be calculated from the partial pressure of water vapour 

in the air: 

or 

where: H 

18 Pv 
H------

29 (Pr - P) 

29 H PT 
P,, - 18 + 29H 

= air absolute humidity (kg/kg) 

p,, = partial of water vapour in air (Pa) 

Pr = total air pressure (Pa) 

(6.4) 

(6.5) 

The well-known Antoine equation can be used to estimate the relationship between 

temperature and vapour pressure of water (for T < OOC): 
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z ex (28.7775 -
607

1.
67 J Pw p T + 271.511 

(6.6) 

where: Pw = saturation partial pressure or water vapour in air (Pa) 

T = air temperature (°C) 

and the ratio between actual partial pressure and vapour pressure is the relative 

humidity: 

RH_ Pv :::: H (6.7) 
P H~ w ~ 

where: RH = relative humidity (%) 

H.., = saturation humidity (kg/kg) 

For saturation at Ts, Pv = Pw, H = Hws and Equation (6.5) can be substituted into the 

left hand version of Equation (6.4) to yield a relationship between Hws and T1 : 

l.928300x 107 

H ~---.-------....--------"'s 

exp 607 1.67 - 3.106705x 107 

T + 271.511 
s 

Differentiation of this relationship and substitution in Equation (6.3) yields: 

H -H 
Oil w.r 

T -T 
Oil .r 

1.1708xl011 exp __ 60_7_1_·6_7_ 
TI + 271.511 

(exp( 
607

1.
67 

J-3.106705x 107J(T + 271.511)2 l T., + 271.511 " 

(6.8) 

(6.9) 

Equations (6.7) and (6.8) are simultaneous equations involving four variables: T011 , T.,, 

H°" and H..,s which can be solved as required, if any two variables are known. The 

sensible heat ratio can be defined as: 
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(6.10) 

If it is assumed that the air-on, air-off, and coil surface conditions lie on a straight 

line on the psychrometric chart (as is normally done for air-conditioning applications 

in which condensate forms on the coil) then: 

(6.11) 

This result can be substituted in Equation (6.9) to yield: 

H - H 
0 11 ws 

T - T 
011 S 

. ( 1 _ 1) Ca 

SHR Afz 
(6.12) 

or 

(6.13) 

Given an air-on temperature and either the coil surface temperature or the entering 

air RH, it is possible to calculate the critical SHR, which forms the tangent to the 

saturation line on the psychrometric chart. A range of critical SHR, have been 

calculat~ as a function of RH0,., or T1 , for an air-on temperature of D°C, and are 

shown in Table 6.1. 
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TABLE 6.1 Critical SHR for T011 = 0°C 

I 
RHO,. 

I Tswf I 
SHRcn1 

II Tswf I 
RHOII 

I 
SHRcri, 

I 
60 -16.4 0.81 -4.0 95.8 0.61 

70 -13.2 0.76 -6.0 91.4 0.65 

80 -10.1 0.71 -8.0 86.1 0.68 

90 -6.7 0.65 -10.0 80.2 0.75 

95 -4.7 0.61 -20.0 49.3 0.85 

6.5 COMPARISON OF TRANSITION PREDICTION WITH TRIAL 

RESULTS 

The calculation procedure from Section 6.4 was applied to each of the 16 

experimental runs. The experimental H 011 and T011 values were substituted into 

Equations (6.7) and (6.8) to find values of T1 and Hws at the position where the 

tangent touches the saturation line. These were defined as T1 ,IVI and HwstlVI· Equation 

(6.11) could then be used to find the SHR for this tangent which is the theoretical 

transition condition between favourable and unfavourable frost formation. The 

resulting values are shown in Table 6.2. Also shown in Table 6.2 are measured 

values of the saturated refrigerant coil exit temperature (Tc), 10 to 20 minutes after 

the start of frost formation. For practical purposes these can be assumed to be the 

lowest evaporation temperature in the coil at the start of the frosting trial. Some 

parts of the coil had evaporation temperatures up to 1 °C higher as a result of pressure 

drop. Typically, Tc dropped by 2 to 3°C through each run. 

Refrigerant coil surface temperature is highly variable. On the primary surface 

(refrigerant tubes) the outer surface temperature will be close to the refrigerant 

evaporation temperature, but well away from the tubes, the surface will be much 
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warmer. Therefore if unfavourable frost is to form, it would be expected to initially 

commence near the tubes. As the tubes become covered with highly insulating frost 

they will remove less heat, and the fin surface near the tubes will drop in temperature 

as a result. This fin region may subsequently also form unfavourable frost. Thus if 

unfavourable frost can initially form on the tubes, the region of unfavourable frosting 

may enlarge. The critical temperature for the onset of unfavourable frost might 

therefore be the temperature of the primary surface (refrigerant tubes). This 

temperature is close to Te. Figure 6.15 shows the relationship between RuA and (Te -

T, ,a,J. When Te is well above T, tall' the rate of performance deterioration measured 

by Ru,,. is low, suggestingfavourable frost forms. Conversely, when Te is well below 

Ts,QJt unfavourable frost forms. When Te z T,,aJt the transition between favourable and 

unfavourable frost appears to be occurring, but this transition may not be sharp. 

Accurate measurement of coil frosting performance is difficult, and the data used 

here are not of sufficient quality to either prove or disprove the exploratory 

explanations given. Until better data are available, it is recommended that a 

comparison of Te and T, tall be used as the best criterion for establishing whether 

favourable or unfavourable frost will form. 

In air conditioning, the mean coil surface temperature is considered the key 

temperature for defining the extent of dehumidification. The results here suggest that 

it is the lowest surface temperature rather than the mean surface temperature which 

defines the type of frost formation. 



70 

TABLE 6.2 Predicted transitional frost formation conditions for experimental trials 

Trial To,. RHO,. Ho,. SHR Ta ,, T,1a11 SHR,Q/1 

(OC) (%) (kg/kg) (OC) (°C) 

1 -0.2 68 0.00251 0.84 -9.0 -14.0 0.78 

2 -0.4 68 0.00247 0.83 -9.7 -14.0 0.78 

3 -1.6 72 0.00237 0.78 -11.6 -14.0 0.78 

4 -0.8 83 0.00292 0.71 -9.7 -9.9 0.71 

5 -1.6 82 0.00270 0.71 -10.1 -11.0 0.73 

6 -0.3 82 0.00301 0.71 -8.4 -9.7 0.71 

7 0.0 76 0.00286 0.70 -10.5 -11.0 0.74 

8 0.2 77 0.00293 0.70 -10.0 -11.0 0.73 

9 -0.6 78 0.00279 0.70 -11.4 -11.0 0.74 

10 -0.4 81 0.00295 0.70 -10.2 -10.0 0.71 

11 -1.4 87 0.00291 0.70 -10.4 -9.0 0.70 

12 -0.7 89 0.00316 0.63 -8.9 -7.6 0.67 

13 -1.8 87 0.00282 0.62 -11.2 -9.4 0.70 

14 -0.1 87 0.00325 0.58 -9.1 -7.8 0.68 

15 0.1 93 0.00352 0.54 -10.5 -5.4 0.63 

16 0.2 93 0.00355 0.54 -10.6 -5.3 0.63 

a Value 10 to 20 minutes after frost formation commenced. 
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7 CONCLUSIONS 

The calorimeter style coil test facility allowed coil performance to be measured as 

frost accumulated in a manner consistent with coil operation in industrial practice. 

The data collected supported the concept of unfavourable frost formation with a more 

rapid decline in performance for operation with low SHR than that at high SHR, for 

the same total frost accumulation. Some recovery of coil performance was observed 

when operation at low SHR (with rapid deterioration) was followed by a period of 

high SHR operation. 

The change in the rate of coil performance deterioration with frost buildup was 

dependent on SHR in a manner consistent with the unfavourable frost formation 

theory of Smith (1989). The transition between favourable and unfavourable frost 

formation appears to be related to the lowest temperature on the coil surface rather 

than the mean temperature. Satisfactory predictions of frost type were obtained by 

using the refrigerant evaporation temperature as an approximation to the lowest coil 

surf ace temperature. 
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NOMENCLATURE 

a fraction of total load that is sensible 

<I> heat flow (W) 

A thermal conductivity (W/m°C) 

11 fin efficiency 

A area (m2
) 

C specific heat capacity (J/kg°C) 

E insulation effectiveness 

h enthalpy (J/kg) 

h heat transfer coefficient (W/m20C) 

Afz latent heat (J/kg) 

H air absolute humidity (kg/kg) 

k heat loss factor (W/m2°C) 

LMED log mean enthalpy difference 

m mass flowrate (kg/s) 

p partial pressure (Pa) 

P pressure (Pa) 

P F power factor 

Q air flowrate (m3/s) 

R rate of performance deterioration per kg of accumulated frost 

RH air relative humidity (%) 

SHR sensible heat ratio 

T temperature C'C) 

TD temperature difference between air and refrigerant(°C) 

T:S total to sensible heat ratio 

U overall heat transfer coefficient (W/m2 °C) 

UA coil sensible capacity rating (W/°C) 

v air velocity (m/s) 

vH air humid volume (m3 /kg) 

x tube thickness (m) 
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Subscripts 

0 initial, first 

a arr 

am ambient 

C condenser 

crit critical 

d dry heater 

dp dew point 

e evaporator, evaporation 

elf effective 

f fan 

Jg liquid to gas transition 

fin fin 

final at the completion of the frosting period 

h humidifier 

i inlet 

ig solid to gas transition 

I latent 

loss heat losses 

m mean 

meas measured 

off air-off side 

on air-on side 

0 outlet 

p pipe 

Q air flowrate 

r refrigerant 

s sensible 

sat saturated 

SH superheat 

surf surface 
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t total 

u heat transfer coefficient 

UA coil sensible capacity rating 

V valve 

V vapour 

w water 
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APPENDIX A 

A.I Air and Refrigerant Side Heat Transfer Coefficients 

Correlations for both the air and refrigerant side heat transfer coefficients had 

previously been estimated, under dry conditions, for the test coil used (Hine 1990; 

O'Hagan, 1992). For simplicity it was assumed that the air-side heat transfer 

coefficient would not be affected by frost accumulation on the coil surface. 

The correlation for the air-side heat transfer coefficient, appropriate for the test coil 

that was used, is: 

h - 41.3(v )0
·
7 

U a a 
(A.l) 

where: hu a = air-side heat transfer coefficient (W/m2 °C) 

v0 = coil air face velocity (m/s) 

Given the overall heat transfer coefficient had been calculated using Equation (5.1), 

it is possible to back calculate the refrigerant-side heat transfer coefficient, using the 

above correlation for air-side heat transfer coefficient, and equation 2.9. Data 

calculated in this way was used and the following correlation for the refrigerant-side 

heat transfer coefficient was developed: 

[ J
.518 

hu, • 5.606 !: (A.2) 

where: hu r = refrigerant side heat transfer coefficient (W/m2 °C) 

Ar = inside area of refrigerant tubes (m2
) 

4>, = total heat load (W) 
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